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ABSTRACT

DEVELOPMENT OF ADVANCED COMBUSTION STRATEGIES

FOR HEAVY DUTY LPG ENGINES TO ACHIEVE NEAR-DIESEL EFFICIENCY

As the transportation sector evolves in response to increasingly stringent emissions regulations
and economic realities in the wake of the decarbonization drive, several no/low carbon fuel options
have emerged as viable options for internal combustion engines. Among these fuels, Liquefied
Petroleum Gas (LPG) is uniquely positioned for spark ignited engine operation due to its favorable
physical and chemical properties. Currently, much of its use as an engine fuel is limited to light-
duty applications, dual fuel applications, or retrofitted gasoline engines, with a lesser degree of
penetration into the heavy-duty sector where diesel fuel still dominates. A key reason for this is
the deficit in performance and efficiency between diesel and other low carbon fuels, including
LPG, necessitating the need for targeted research aimed at bridging this gap, and positioning LPG
as a fuel of choice in the heavy-duty sector. Two prominent drawbacks responsible for this gap
between diesel and LPG engine performance are the dearth of specialized fuel injection hardware
and tailored injection strategies, and knock, which limits the performance of spark ignited engines.
This work seeks to address these and other limitations and achieve near diesel efficiency on a
heavy-duty engine platform. Two engine platforms were employed in this study. A cooperative
fuel research (CFR) spark-ignited engine was used to study the knock dynamics and the
performance, combustion, and emissions behavior of the LPG fuel in relation to key engine
parameters, the LPG fuel composition, and other low carbon fuel options. Compression ratio,

engine load, exhaust gas recirculation percents, and a novel combustion control tool, the



combustion intensity metric (CIM), were all varied on the CFR engine and a computational fluid
dynamics (CFD) model calibrated and validated. Key findings were then transferred to a heavy-
duty engine platform, the Cummins ISX15L single cylinder engine. The engine is a converted 6-
cylinder diesel engine with diesel brake thermal efficiency (BTE) of 44%. A baseline evaluation
was conducted with liquid LPG port-injected at 16bar and 9.3:1 compression ratio. Then the engine
was switched to direct injection (DI) configuration with a fuel delivery system capable of
delivering liquid LPG at pressures up to 200bar. Three principal configurations were developed
for operation of the heavy-duty engine employing a gasoline direct injector (GDI) with nozzle
patterns adapted for optimal distribution of the LPG fuel in the combustion chamber, a GDI
modified for higher LPG flow and a double-injector port-fuel injection (PFI) system optimized for
injection location, and charge cooling and distribution. The experiments and modeling contained
in this study demonstrate the impact of LPG composition on engine performance, the mitigating
effect of EGR on knock and NOx emissions, the potential for a better controlled combustion using
the CIM tool and the advantages in terms of knock, performance, and emissions of designing an
injection strategy tailored to the LPG fuel. The results show that the heavy-duty engine operated
on LPG achieved the target efficiency of 44% BTE at high EGR, high compression ratio, and high
load conditions for both DI and PFI configurations. The outcomes of this study advance the
literature on knock, end-gas autoignition, emissions, and EGR related to LPG and its use as a
choice fuel for heavy-duty applications and advances the development of specialized fuel delivery

hardware and injection strategies for the LPG fuel.
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CHAPTER 1. INTRODUCTION

1.1 Background

The transportation sector, which contributed ~37% of the total end-use carbon dioxide (CO,)
emissions in the US in 2021 [1] and almost half of the NOx emissions in Europe in 2016 [2], has
realized the need to evolve in a bid to survive stringent emissions regulations and rising fuel costs.
Of the 120 billion GGEs of energy consumed by light duty vehicles in 2019, about 550 million
were from alternative, relatively cleaner sources, LPG and electricity [3]. In the middle/heavy
trucks and buses sector which accounts for 20% of energy consumed in the transportation sector,
a more encouraging yet still minute fraction, 380 million of the 51 billion GGEs of energy
consumed, were supplied by alternative sources, mostly by Natural Gas and LPG [3]. These
numbers suggest that one of the viable pathways for this evolution, especially in the hard to
transition transportation sectors like the heavy-duty sector is the use of alternative fuels such as
LPG and CNG. Of the two fuels, LPG has the physical advantage of being easily liquefied at
moderate pressures [4] and can therefore be stored and transported using the current extensive
network of global and local infrastructures making it an attractive low-carbon alternative fuel
option for transportation applications. Figure 1.1 shows the NOx and CO> contribution of the

transportation sector relative to other sectors.

Chemically, LPG consists mostly of Propane and n-butane. It is sourced either as a by-product of
crude oil refining, or during the extraction of natural gas or crude oil [5]. As a result of this variation
in sources, coupled with seasonal requirements, a specific country’s standard definition of the fuel
etc., [6], the composition of LPG can vary wildly. Several studies [7 - 9] have shown that this

variation in LPG composition can impact the performance characteristics of the fuel in an engine



environment. Saleh [8] conducted experimental investigations to determine the effect of LPG
composition on the performance and emissions of a dual fuel diesel engine. They tested LPG
blends containing propane and n-butane only and found that the LPG composition impacted
exhaust gas temperatures, efficiency, and emissions [8]. They also found that butane as high as
30% in the LPG blend maximized the dual fuel engine overall performance to levels comparable
to that of a conventional diesel engine [8]. Elnajjar et al. [9] also studied the effect of engine
parameters and varying amounts of butane and propane on the performance of a dual fuel diesel
engine [9]. They found a significant composition effect on combustion noise levels in the engine
[9]. However, there are even fewer studies on the effect of LPG composition on a single fuel spark-
ignited (SI) engine as these aforementioned studies were conducted in a dual fuel engine
configuration. Also, only the effects of varying amounts of n-butane and propane in the
constitution of the LPG fuel were studied without consideration for the effects of ethane and

propylene, for example, which are also commonly found in LPG.
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Figure 1.1. Left - NOx emissions by sources. Right - CO, emissions from end-use sectors [1 - 2]

A key fuel property which establishes LPG position as an ideal candidate for SI engines operation
is its octane number (ON), which is a measure of a fuel’s ability to resist knock. Knock is an

abnormal undesirable combustion event and the higher the ON, the less likely it is for knock to



occur [10]. LPG has a higher ON relative to gasoline, which accounts for almost half of the
transport energy consumed globally [4]. As a result of this higher resistance to knock, LPG fueling
can enable engine operation at higher compression ratios which in turn leads to comparable or
higher efficiencies to the conventional SI engine fuel, gasoline [11, 12]. Similar to ON for liquid
fuels, methane numbers (MN) were formulated to define the resistance to knock for gaseous fuels
where a lower MN means a gaseous fuel is more likely to knock than a fuel with a higher MN.
Malenshek and Olsen conducted experiments on a CFR engine to determine the methane number
of eight gaseous alternative fuels including reformed natural gas [13]. Wise et al. [14] also
conducted studies to characterize the MN of several blends of producer gas and the effect of engine
operating conditions on the determined MN [14]. Both studies found that the chemical composition
of the fuels impacts the measured MN substantially, and consequently, impacted the knock
tendency of the fuels [13, 14]. A method developed in the literature was used to calculate the MN

of the gaseous LPG blends in this work [15].

While knock, which results from pressures oscillations as the end-gas ahead of the flame front in
the cylinder is compressed and auto-ignited, is undesirable and ultimately destructive, there are
instances where auto-ignition of the fuel-air mixture may be desired. Hampson et al. [16]
distinguishes between knock where several pockets of end-gases auto-ignite randomly, and a spark
triggered scenario where all the end-gas regions auto-ignite at the same time or volumetrically
[16]. They introduced a novel control tool, the combustion intensity metric (CIM) which used a
combination of combustion design and feedback to affect this controlled end-gas auto-ignition
concept and applied it a natural gas engine with high EGR rates [16]. Their results showed
improved combustion stabilities and faster burn durations even at high EGR rates, reduced

unburned hydrocarbons in the form of CHs, and the ability to operate at elevated compression



ratios using the CIM tool [16]. Several studies have studied knock and end-gas auto-ignition for

different alternative fuels of interest including CNG [17-20] and LPG [7, 21-24].

Krieck et al. [21] investigated the knock and pre-ignition behavior of a spark-ignited engine fueled
with LPG of different compositions and at three different compression ratios of interest [21]. They
found that compared to gasoline, the LPG fuels demonstrated a more improved behavior in terms
of auto-ignition [21]. They also found that MN showed a more consistent correlation to auto-
ignition than the calculated motor octane number (MON) for LPG [21]. Their results indicated all
the LPG fuels investigated enhanced knocking resistance compared to gasoline and thus achieved
higher compression ratios of up to 3 units [21]. In terms of emissions, their results showed
significantly reduced HC emissions for all the LPG blends tested on the engine compared to a

reference E5 gasoline with a RON of 95 [21].

Morganti et al. [23] conducted numerical investigations on the auto-ignition of LPG blends
consisting of Propane, iso-Butane, n-Butane, and Propylene on an SI engine [23]. They found that
the composition of the residual gas and heat transfer inside the cylinder affected the auto-ignition
characteristics of the LPG fuels [23]. Importantly, they showed that nitric oxide (NO)
concentrations correlated strongly to the occurrence of auto-ignition and that including this
chemistry improved the models [23]. They also showed that HC and carbon monoxide (CO)
concentrations had an insignificant impact on the auto-ignition of the tested cases when compared

to the NO effect [23].

Despite the previous works, studying knock and end-gas autoignition remains a key aspect of
engine combustion study and as such an integral part of this work especially geared towards

applying the controlled end-gas auto-ignition concept to an LPG engine for the first time on a CFR



engine [24] and then on the heavy-duty engine platform. Figure 1.2 presents the pressure traces

for three distinct stages of knock on an engine.
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Figure 1.2. Single cycle in-cylinder pressure traces showing the progression of knock from a non-
knocking condition to heavy knock as a single engine parameter (compression ratio) was varied

While the preceding discussion on the application of the CIM tool describes the potential benefits
of controlling the combustion and end-gas auto-ignition and how this can lead to increased
efficiency, there are other strategies in the literature than can affect this increase in performance as
well. For example, LPG has been used in dual fuel engine operation either as the primary fuel or
as the secondary fuel and the benefits in terms of fuel consumption, emissions and performance
documented in the literature [25-27]. Nutu et al. [25] conducted experimental investigations on a
compression engine operated in dual fuel configuration with diesel and varying amounts of LPG
substituted in [25]. The experiments were conducted on a 10.3L turbocharged engine and LPG was
substituted in to match the energy of the displaced diesel thus maintaining the engine power [25].

Their results indicated an almost 25% reduction in NOx and a ~20% reduction in energetic



consumption at an LPG substitution ratio of 25% [25]. On the other hand, Cinar et al. [26]
investigated the introduction of acetylene in dual fuel configuration on an SI engine operating with
LPG as the primary fuel [26]. They conducted their tests at four equivalence ratios ranging from
lean to stoichiometric to rich conditions, at a compression ratio of 10:1 and with the engine at 25%
and 50% load [26]. They found that the acetylene addition improved thermal efficiencies and
reduced CO emissions especially at lean conditions [26]. However, they discovered that acetylene
was detrimental to the NOx emissions causing a significant increase in the criteria pollutant

especially at conditions just lean of stoichiometric [26].

Another key advantage of LPG is its high EGR dilution tolerance. It is in the literature [10,28] that
the use of cooled EGR as a diluent can lead to knock mitigation, a substantial reduction of NOx
emissions and improvement in thermal efficiency, and several investigations have supported this
claim by conducting experiments on different LPG engines [29-31]. Boronat et al. [29]
investigated the possibility of improving the efficiency of a DI SI engine run on three separate
fuels including LPG [29]. Their investigations involved the use of EGR and a high stroke-to-bore
ratio engine design as well as varying other engine parameters [29]. They found that the combined
effect of late intake valve closing and EGR produced the highest benefits in terms of efficiency
[29]. Ravi et al. [30] studied the effect of cooled EGR on a lean burn SI LPG engine with
compression ratio 10.5:1 [30]. Their results demonstrated significant NOx reductions, but the
increased possibility of misfire especially around the lean limits [30]. Kar et al. [31] went further
to show the effect of EGR and LPG composition on an SI engine using both numerical and
experimental methods [31]. They discovered a relationship between the LPG blend composition

and the extent of EGR knock mitigation [31].



More recently, Ge et al. [32] conducted a numerical study of the dilution tolerance of LPG relative
to gasoline [32]. They studied the premixed flames of iso-octane and LPG at engine relevant
conditions, comparing the influence of dilution and turbulence intensity on both fuels by using a
two-dimensional direct numerical simulation approach [32]. They found that LPG demonstrated
higher dilution tolerances compared to gasoline which they linked possibly to differences in their
low temperature chemistry, flame surface areas, and Lewis numbers [32]. However, Ge et al.
recommended that further work be conducted to determine the relationship with Lewis number by
comparing the dilution tolerances of LPG and a lower Lewis number fuel like Methane [32]. The
author believes that this high EGR dilution tolerance of LPG could be harnessed to produce higher

thermal efficiencies, lower knock intensities, and fewer emissions.

The previous discussions centered on the combustion and chemistry perspective and while the
discussions are applicable to heavy-duty scenarios they have largely been on light and medium
duty applications. Therefore, as research studies begin to trend towards heavy-duty engines,
perhaps the most beneficial gains in thermal efficiency could be achieved in terms of hardware
reconfiguration tailored to the properties of the LPG fuel. In this regard, Sawut et al. [33]
conducted studies on the development of a return-less LPG fuel delivery system optimized for
efficient energy consumption especially in low load conditions [33]. Tuan et al. [34] suggested the
implementation of a heating element to tackle the issue of freezing of the LPG injector tip because
of the thermodynamic process occurring in that region as LPG vaporizes rapidly [34]. In engine
operation, Pradeep et al. [35] investigated the advantages of port fuel injected LPG over the
carburetion fueling system showing an increase in performance and a decrease in HC and CO

emissions [35]. Pradeep et al. [36] then further showed the advantage of direct injected (DI) LPG



over the manifold injection case on a 2-stroke SI engine as the DI operation demonstrated

improved efficiency and reduced HC emissions but indicated higher CO emissions [36].

However, these studies were conducted with LPG in the gaseous form and the literature suggests
that liquid phase port-fuel and especially direct injection could have further volumetric efficiency
and power density benefits [10]. For example, Watson and Phuong demonstrated that liquid port-
injected LPG minimized brake specific fuel consumption compared to their gaseous port-injected
counterparts in their experiments on a CFR engine [37]. Tukiman et al. [38] presented results of
an experimental study on a 1.6L engine comparing multi-point sequential port injection of liquid
to gasoline showing that the LPG engine achieved higher thermal efficiencies than the gasoline
configuration [38]. Splitter et al. [39] performed comparative experiments on the performance of
DI LPG and gasoline in an SI engine and found that DI LPG indicated almost no soot and FSN
[39]. Dube et al. [40] carried out experiments on a 2-stroke SI LPG fueled engine in which they
compared the influence of single and multiple hole direct injections, and single hole manifold
injection of liquid LPG [40]. They found that the DI modes improved efficiency and lowered HC
emissions and that the end of injection timing had a significant effect on BTE, HC and NO in DI

mode [40].

Krieck et al. [41] conducted experiments using different LPG blends in a 4-cylinder boosted DI SI
engine and a single cylinder research engine [41]. They demonstrated measures to improve the
high-pressure DI system including a recommended upper limit on the C3 content of the fuel and
controlling the fuel rail temperatures using cooling designs [41]. Finally, their results showed some
HC sensitivity with LPG fuel temperature but an overall advantage over a RON 95 gasoline E5
blend in terms of the HC emissions [41]. De Ojeda and Wu [42] successfully developed a high-

pressure injection system for propane-DME on a 2.2L 85mm bore engine considering factors such



as fluid properties and pump design [42]. The propane system demonstrated insignificant cyclic
variations in terms of injection rate and rail pressure and their developed models were capable of
predicting injection rates and hydraulic delays to high fidelity [42]. Other studies comparing DI
LPG on an SI engine to a diesel CI engine for medium-duty minibus applications [43] and DI
gasoline and LPG on a light duty vehicle [44] have demonstrated the clear advantage of LPG in
terms of HC, PM, and NOx emissions. Baek et al. [43] showed that the diesel configuration
generated almost 20% more sub-23-nm particles than the DI-LPG engine in the world harmonized
drive cycle mode [43] while the DI LPG engine exhibited around 50% lower NOx + THC than the

gasoline configuration in the results presented by Myung et al. [44].

Despite the increasing study of liquid LPG injection, its use on heavy-duty engines is still sparse
in the literature especially related to experimental direct injection engines. A few studies have
demonstrated the influence of LPG injection parameters such as injection timing, injector spray
characteristics, in-cylinder charge motion, and combustion chamber design on mixing and
homogeneity inside the cylinder and how these affect performance but these works have mostly
been numerical and focused on light-duty applications [45 - 47]. Boretti and Watson [48]
developed a computational model for DI LPG engines that showed they could achieve better
efficiencies than gasoline with the attendant CO» emission advantages [48]. However, they
concluded that a massive obstacle in the actualization of these improved LPG engines would be
the development of a specialized fast-acting high-pressure injector [48]. They also added that
extensive experimental and numerical studies on the combustion and spray characteristics of these
LPG engines would be required to make the technology practical [48]. Finally, Krieck et al. [21,41]

provided some insight into some of the hinderances in developing heavy-duty LPG engines



including changes in the phase of the liquid LPG during hot soak and hot idle conditions and how

these may affect the direct injector and engine performance [21,41].

1.2 Research Motivation

Over $32 billion worth of cargoes are freighted every day by vehicles in the US [49] with the
transportation sector relying on petroleum for 90% of its energy as at 2021 [50]. This reliance on
petroleum is even more glaring with the transportation sector accounting for about 67% of total
US petroleum use in 2021 [50], 20% of which the US imports, costing over $15 billion per month
[49]. In finer details, medium and heavy-duty trucks accounted for almost 25% of US
transportation energy use in 2019 [50] but as illustrated in Figure 1.3, they consumed over 3 times

the fuel in gallons per vehicle compared to light duty vehicles in 2020 [1].
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Figure 1.3. Motor vehicle fuel consumption [1]

Perhaps the biggest concern with this reliance on petroleum is the environmental and health impact
of its emissions. Between 1990 and 2020, the CO> emissions from the Americas increased by just
about 8% [50], however, global CO; emissions have continued to trend upwards as can be seen in
Figure 1.4. In the US, the transportation sector was responsible for 35% and 28.8% of the total US

CO2 and GHG emissions respectively in 2019, second only to the industrial sector [50]. Of these
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transportation sector CO2 emissions, heavy-duty engines accounted for 25% in the same year,
while they were responsible for 45% of the total NOx and 51% of total PM-2.5 from high-way
vehicles in 2017 [50]. The US is currently working towards an 80% reduction in GHG relative to
2005 levels by 2050 and the adoption of low-carbon fuels is one of the key strategies in this regard

as shown in Figure 1.4 [51].
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Figure 1.4. Left: World carbon dioxide emissions. Right: Depiction of low-carbon GHG reductions
scenario [50, 51]

Therefore, transitioning the heavy-duty sector to locally available cleaner alternative fuels whilst
improving their engine efficiency is a key pathway to enabling economic growth, attaining
environmental sustainability targets and making transport more affordable. This work is based on
a project funded by the Department of Energy Vehicle Technologies Office and one of the set goals
for their Advanced Combustion Engines and Fuels R&D Program is to “improve heavy-duty
engine efficiency by 35% relative to a 2009 baseline vehicle and identify cost-effective high-
performance fuels that can further increase efficiency up to an additional 4% by 2030 [49]. To
this end, the VTO incentivizes fuel diversification by supporting early-stage research including
those seeking to understand and control the combustion processes that improve efficiency and

reduce emissions for internal combustion engines. Propane or liquefied petroleum gas (LPG) has
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been identified as a viable fuel option for heavy-duty engine operation capable of achieving
comparable efficiencies to the conventional heavy-duty engine fuel, diesel, for several key reasons.
The US became the largest exporter of propane globally in 2014, exporting 6.5 billion gallons of
the low-carbon fuel, a remarkable growth from 2005 when it imported over 20% of its propane
supply and 2011 when it finally achieved net export status for propane [52]. A direct deduction
from this is that propane is a locally available resource of which the US has a healthy surplus, with
net exports projected to exceed 13 billion gallons by 2025, and the fuel is already popular in the
internal combustion engines (ICE) market with ICE related sales projected to rise from 640 million
gallons in 2014 to almost 2 billion gallons by 2025 [52]. Propane’s popularity in the ICE
applications is backed by a number of factors such as costs, physical properties, emissions
reduction potential etc. For example, LPG has a higher H:C ratio than both diesel and gasoline
which can be harnessed for lower GHG emissions, LPG is a liquid at pressures as low as 900kPa
which enables it to be easily transported, stored, and dispensed using the extensively developed
liquid fuel infrastructure. In addition, Bae and Kim [5] noted further physical and chemical
advantages of the LPG fuel including having a higher octane number than gasoline which makes
higher compression ratios and their attendant increase in BTE possible, wider spray angles, shorter
penetration of liquid, and better atomization in liquid injection which promotes mixing and
prevents well wetting compared to gasoline [5]. This availability, superior properties, and
extensive infrastructure trickles down to the end-user in terms of cost as depicted in Figure 1.5
with propane and natural gas maintaining an average cost over 10 years that was ~54% less than

gasoline and ~63% less than diesel over that same time period [53].
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Comparison of Wholesale Diesel, Gasoline, Natural Gas & Propane Fuel Price in U.S.
Source: https://www.eia.gov
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Figure 1.5. Comparison of wholesale diesel, gasoline, natural gas and propane prices [53]

In terms of emissions, TM Leuven [54] performed tank-to-wheel analyses to illustrate the potential
savings with widespread propane adoption in the transportation sector over the period from 2007
to 2020 compared to a baseline [54]. They demonstrated 340,000 tons of NOx saved, 11,000 tons
of PM, and over 314 million tons of CO: avoided resulting in a total savings in materialized costs
of over $20 billion [54]. There also exists renewable pathways for the synthesis of propane
(renewable propane) from waste greases, vegetable and plant oils, animal fat which are cost
effective and can deliver even further emissions reduction in the march towards carbon neutrality

[55].
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1.3

Research Questions and Objectives

The preceding review of the literature and research motivation section suggests there is keen

interest regarding the use of LPG for heavy-duty applications but that there are several gaps or

sparse information in knowledge regarding the use of the fuel in the liquid port-injected and to an

even lesser degree, liquid direct injected configuration, on these heavy-duty engines. The pertinent

questions to be answered are as follows.

1.

How does LPG compare with the other popular alternative fuel options in the heavy-duty
sector, natural gas, and how does variability in the composition of the LPG fuel affect
engine performance?

How much engine modification is required to operate an engine optimally on gaseous
premixed and liquid PFI and DI LPG?

What are the advantages and disadvantages of direct liquid injection and liquid port-fuel
injection on a heavy-duty engine platform, and can we design injection strategies tailored
to the properties of the fuel?

Can we design controls and advanced combustion strategies for LPG including the use of
high EGR, tailored injection strategies, innovative spark plug and computationally
optimized combustion chamber design?

Can we optimize the heavy-duty engine efficiency operating on LPG to match the diesel
benchmark within the prescribed limits of knock and misfire using the developed

combustion strategies?

Considering the research questions, the overall objectives of this work are to contribute to the

development of specialized fuel delivery and injection hardware for the LPG fuel, to develop

avenues to improve combustion and mitigate knock whilst avoiding misfire, to achieve the target
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44% brake thermal efficiency on the heavy-duty LPG engine platform, and to guarantee lower
emissions, all compared to the conventional heavy-duty diesel platform. Generally, several
pathways exist to increase efficiency for spark-ignited engines as presented by Szybist et al. [28],

however, this work seeks to bridge the gap in performance with the strategies presented in Figure

3.
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Figure 1.6. Strategies to achieve near diesel efficiency on the heavy-duty engine platform [56 - 58]

First, critical preliminary studies will be conducted on a CFR engine operated with premixed
gaseous LPG and natural gas to understand the combustion characteristics of the LPG fuel and the
impact of the fuel composition on engine limits, performance, and control. Then, a baseline
evaluation of the heavy-duty Cummins X135 engine platform on LPG, replicating readily available
liquid port-fuel injection technology on two sample LPG buses: The Bluebird and Navistar buses,
will be performed. Following this, CFD models which have been calibrated and validated using
the preliminary work on the CFR engine will be updated with the baseline data. Then, a baseline
direct injector for liquid LPG will be developed and tested on the engine and optimized based on

flow patterns, injection durations, and mixture homogeneity. Next, the compression ratio will be
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increased from the baseline case to maximize efficiency whilst avoiding knock and misfire. The
CFD models will guide this innovative piston design process. Finally, high percentages of EGR
will be introduced into the system at turbocharged conditions in an attempt to increase power
density and efficiency, lower emissions and mitigate knock. All the while, a real-time feedback
control module on the engine will provide combustion control and access to an embedded novel
combustion control parameter, the combustion intensity metric (CIM) which has been shown to
improve combustion and performance [16, 20, 24, 59]. This process will be iterative, with CFD
and GT-Power capabilities constantly applied to reduce time and cost and will continue until diesel

efficiency parity is achieved on the heavy-duty engine with LPG.

14 Dissertation Overview

This dissertation is largely a combination of independent articles published in different journals
and conference proceedings over the course of the work. The work transitions from preliminary
studies done on the CFR engine to baseline evaluations on the heavy-duty Cummins X15 engine
to optimization tests on the heavy-duty platform geared at achieving the target efficiency. The work
employs learnings and tools from the literature, preliminary experiments, computational studies,
high-pressure spray diagnostics, and injector hardware development all conducted in parallel

during the course of the research study. The flow of the dissertation is presented below.

1. Chapter 1 presents a background on the fuel of interest, LPG, and its current applications
and limitations in internal combustion engines. The objectives of the research study are
laid out and summarized at a high level.

2. The experimental set-up is then described in detail in Chapter 2. The Chapter includes

details on the engines used as well as the ancillary systems such as the exhaust gas
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recirculation system, the liquid fuel delivery system etc. Finally, the chapter concludes with
a discussion on key methods of combustion data analysis employed during the study.

The first results and discussions chapter, Chapter 3, is an excerpt from a published journal
article which compares the combustion, emissions and performance characteristics of the
two popular low-carbon fuels in use in the heavy-duty sector, LPG and natural gas, on the
CFR engine with exhaust gas recirculation. The chapter begins with a quick overview that
introduces the work to be discussed in the chapter and ends with a summary of the key
findings in the Conclusions subsection.

Chapter 4 follows the same pattern as Chapter 3. The results and discussions are mostly
culled from a published conference proceeding that described the influence of the LPG fuel
composition on engine performance, combustion, and emission characteristics. Like the
preceding chapter, this study was also conducted on the CFR engine with several engine
parameters varied.

The dissertation then transitions to heavy-duty engine operation and discussions in Chapter
5. The engine is configured to replicate the performance of a medium/heavy-duty liquid
PFI LPG engine currently in operation in the US. The efficiency results are designated as
the baseline for the rest of the study and improvements are then investigated with a DI
system which includes an injector developed specially for optimal distribution of the LPG
spray on this research engine platform. The results and discussions in this chapter are
sourced from an article currently submitted for review and publication with a journal.

The discussion in Chapter 6 then focuses on the results of the optimization experiments
that were conducted to achieve the target efficiency on the heavy-duty engine platform.

The chapter includes data obtained from several different configurations in terms of
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injection configuration, injection strategy, compression ratios, and spark plugs. This
chapter is the culmination of all the previous chapters and concludes the work done during
this study.

A general conclusion chapter in Chapter 7 ties the entire results and discussion chapters
together and provides a consistent thread of findings, takeaways, and contributions to the
literature through the different conducted studies. The chapter concludes with a sortie into
the possible directions for future research and recommendations for subsequent related

studies.
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This project began with extensive work on the cooperative fuels research (CFR) engine providing
the data with which LPG combustion was modeled using CONVERGE CFD, computational and

experimental results were then transferred to the single cylinder heavy-duty Cummins X15L

CHAPTER 2. EXPERIMENTAL METHODS

engine on which optimization experiments were finalized.

2.1  The CFR Engine Test Cell!

The engine used for preliminary gaseous LPG investigations was a single cylinder, 4-stroke CFR
F-2 engine. The SI research engine produced by Waukesha Motor Company, was designed as a

variable compression ratio engine for defining gasoline fuel quality in a standardized set-up. The

test engine specifications are provided in Table 2.1.

Table 2.1. CFR engine specifications

Displaced volume (L) 0.6117
Stroke (m) 0.1143
Bore (m) 0.0826
Connecting Rod (m) 0.254

Compression ratio

Adjustable 4:1 — 18:1 by cranked worm shaft — worm wheel
drive in cylinder clamping sleeve

Number of Valves 2

EVO 140° ATDC

EVC 15° ATDC

IVO 10° ATDC

IvC 146° BTDC

Cylinder type Cast Iron, Flat Combustion Surface, Integral Coolant Jacket
Ignition Capacitive discharge through coil to spark plug

!'Section 2.1 extracted from published manuscripts,
[7] Fosudo, T., Kar, T., Marchese, A., Windom, B., Olsen, D. (2022). The Impact of LPG Composition on

Performance, Emissions, and Combustion Characteristics of a Pre-mixed Spark-Ignited CFR Engine. SAE Technical

Paper 2022-01-0476, 2022. doi:10.4271/2022-01-0476.

[24] Fosudo, T., Kar, T., Windom, B., Olsen, D. (2024). Low-carbon fuels for spark-ignited engines: A comparative
study of compressed natural gas and liquefied petroleum gas on a CFR engine with exhaust gas recirculation. Fuel

(360) 2024, 130456. https://doi.org/10.1016/j.fuel.2023.130456.
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Several modifications were made to the original test engine to allow operation on gaseous fuels.
This customization included the installation of several measuring instruments at specific locations
to obtain accurate measurement of engine operating parameters and results. A detailed description

of the measurement devices and methods used in this study is provided below.

A Yaskawa U1000 regenerative variable frequency drive was installed to ensure accurate speed
control. The industrial MATRIX drive can maintain speeds between 600 and 1200 RPM. All the
tests in this study were performed at 900 RPM engine speed. A BEI model L.25 incremental optical
encoder was also installed on the crankshaft to provide crank angle position with a tenth of a degree
resolution. Three Kistler high-speed pressure transducers were used in this study; a 6061B water-
cooled piezoelectric transducer provided in-cylinder pressure readings, while dynamic intake and
exhaust pressure measurements were made with the 4007D and 4049B piezoresistive transducers
respectively. Several absolute pressure transducers from Omega Engineering and K-type
thermocouples were installed at strategic locations to measure pressure and temperature of the fuel,
oil, coolant, and intake and exhaust buffer volumes at all engine operating conditions. To maintain
a constant vapor pressure inside the LPG cylinder irrespective of fluctuations in the ambient
conditions, a heated blanket was wrapped around the tank and an electrically heated Swagelok K-
series pressure regulator and heat trace were introduced on the fuel delivery line to preserve the
fuel supplied to the engine in the gas phase. A Micromotion CMF series Coriolis mass flow meter
downstream of the heated regulator was used to measure the flow rate of the fuel while a wide-
band LSU 4.9 lambda sensor with operating range lambda (1) 0.65 to co and exhaust temperatures
up to 930°C located downstream of the exhaust buffer volume provided a measure of the air-fuel

ratio in the engine. A schematic of the CFR engine test cell layout is presented in Figure 2.1.
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Figure 2.1. Schematic of the CFR engine test cell.

The CFR test cell upgrade also includes a 10kW NK APT-TH series power transducer to measure

electrical power output from the engine and a Woodward Large Engine Control Module (LECM)

and LabView program interface to achieve real-time CFR engine control, monitoring and

performance analysis. A National Instruments PCI 6251 high speed data acquisition card was used

to collect in-cylinder pressure data. Combustion and manifold pressure data were logged at 54kHz

(1/10'™ degree resolution) for 1000 cycles (2-3 min). Combustion data logged for 200 cycles on the

Woodward LECM was used for ignition control. Other parameters such as temperatures, fuel

flowrate, and electrical power were logged at 10 Hz for 3 minutes. A picture of the CFR test cell

showing all the integral components is shown in Figure 2.2.
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Figure 2.2: The CFR test cell

2.2 The Single Cylinder Cummins ISX15L Test Cell?

The second single cylinder engine used in this study was a converted Cummins ISX15L 6-cylinder
diesel engine. The conversion involved replacing five of the six original pistons with carefully
machined dummy pistons to provide balance on the crankshaft as the active piston, the piston in
cylinder number 6 in this case, was operated. The cylinder head was modified to accommodate a
spark plug in the location originally intended for the diesel direct injector. The turbocharger, fuel
pump, exhaust gas recirculation (EGR) components, and other diesel-allied components were also

uninstalled from the original engine. The SCE is water-cooled and has the capability to run at

2 Sections 2.2 and 2.3 extracted from published manuscript

[60] Fosudo, T., Kar, T., Windom, B., Schlagel, J. et al. Performance, Combustion and Emissions Evaluation of
Liquid Phase Port-Injected LPG on a Single Cylinder Heavy-Duty Spark Ignited Engine. SAE Technical Paper
2023-01-0245, 2023. doi:10.4271/2023-01- 0245
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higher loads using compressed air from the research facility. A friction model which was based on
an analysis of the production diesel engine was used to account for the other cylinders thus
allowing brake mean effective pressures to be calculated from the indicated mean effective
pressures. Exhaustive details of the conversion and required modifications that were carried out
on the original ISX15L diesel engine can be found in the experimental studies done by Rodriguez

et al. [19]. A detailed specification of the heavy-duty SCE is presented in Table 2.2.

Table 2.2. The heavy-duty Cummins X15 SCE specifications.

Displacement volume (L) 2.5

Stroke (mm) 169

Bore (mm) 137
Connecting Rod (mm) 261.5
Compression ratio 9.3,11.9, 14
Number of Valves 4

Exhaust Valve Open 19° BBDC
Exhaust Valve Close 2° BTDC
Inlet Valve Open 11° BTDC
Inlet Valve Close 155° BTDC

Apart from the modifications that were made to the engine hardware, several upgrades were made
to the SCE and its test cell to facilitate the collection and analysis of combustion data, and
determination of the performance of the engine under different operating conditions. In-cylinder
pressure measurements were made with an AVL GH14DK pressure transducer (range 0-300bar)
and an AVL QC34C pressure transducer (range 0-250bar) installed in the active cylinder. High
speed manifold pressure measurements were performed using a Kistler 4007D piezoresistive
pressure transducer and a water-cooled Kistler 4049B piezoresistive pressure transducer for intake
and exhaust pressures, respectively. A BEI H25 series encoder with 0.1 crank angle resolution and
LabView based high-speed National Instrument hardware (NI PXIe 6363) were used to record and

analyze combustion and manifold pressure signals. A Woodward large engine control module
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(LECM) was used to control injection, ignition, combustion, and air-fuel ratio while giving real-
time updates on the state of combustion in the cylinder. The LECM received a lower resolution
position signal using a hall effect crank sensor. A schematic of the X15 engine showing the

converted single cylinder is shown in Figure 2.3.

Shut-off

Valve = Pressure Relief Valve
[ LPG Supply System ]—-{><|—> |
Orifice Flow Pressure Coriolis Flow Meter
Meter Regul
?a\t‘” Mass Flow G
Air |- ] Solenoid Valve Meter as
\\J , Chromatograph
7 W 3-way valve

Electric .
Heater —‘ LECM

1 1
Flow Control Valve t Crank/Cam Exhaust Pressure Lambda

" Encoders Sensor Sensor
5 ' Water-Air Heat
Boiler Water <> @I P o Dyno [ <F

b
5
o
<
o
£

Pressure

P~
) L P I
Location / <> - N
=2 @GOG m—

or DI configuration Control  Pressure
Valve Sensor

Exhaust
P Backpressure
Valve

System
Enable

(Digital In) oil Elec. Oil
& Pressure Hzcaterl ( Shell & Tube HX ) Eniissicnis
sensor @ Sampling
Building Coolant \ Cary Line

Figure 2.3. Schematic of the X15 engine test cell

Key performance parameters were also recorded on LabView software platform using the NI 6224
and 6704 modules and on the LECM. These measurements include fuel flow rate measured using
a Bronkhorst M15 Coriolis flow meter, air-fuel ratio measured with a wide-band lambda sensor
LSU 4.9 (application range: lambda 0.65 to ), and pressure and temperatures measurements made
at the required locations using absolute pressure transducers and K-type thermocouples. The
engine speed was controlled by an Eaton SVX variable frequency drive (VFD) which turned the
engine during motoring and applied a load during combustion. This VFD was controlled by
LabView, and its output recorded in LabView as well. The high-speed combustion and manifold

pressure data were logged for 1000 cycles, while 200 cycles of combustion data were logged on
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the LECM. Other parameters such as the fuel flowrate, engine speed, and fuel pressure were logged

at a slower rate of 2Hz for 2-3 minutes.

2.2.1 Piston Configuration Design

Three pistons were installed on the heavy-duty Cummins engine namely.

1. The baseline 9.3:1 piston
2. The 11.9:1 “Natural Gas” piston

3. The CFD-optimized high-squish 14:1 piston

The pistons were designed with CAD software and fabricated at the Colorado State University
powerhouse research facility using a 3-axis computer numerical control (CNC) milling machine.
The 9.3:1 CR piston was chosen to enable the baseline operation of the Cummins SCE on liquid
LPG replicate the performance of current LPG engines. Two of such identified LPG engines
currently on the market are the Power Solutions International 8.8L-V8 engine and the Roush
Cleantech Ford 6.8L-V10, used in the Navistar 44 CE Series and Blue Bird school buses,
respectively. These engines have compression ratios of 9.1:1 and 9.2:1 respectively. The 11.9:1
piston was designed for natural gas operation on the X15 engine and adopted for LPG applications
to provide useful data on the performance of the engine at compression ratios higher than the
baseline piston. The high-squish 14:1 piston was then developed using combustion models
calibrated and validated with engine data obtained at 9.3 and 11.9 compression ratio to
computationally optimize combustion chamber design, piston bowl shape, in-cylinder charge
motion and homogeneity and compression ratio for peak thermal efficiency and knock mitigation.
A blank stock piston with the required cooling gallery was provided by Cummins and then

machined to achieve the required compression ratio. Cummins also provided technical assistance
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on the minimum recommended piston crown and bowl thickness for an assumed maximum peak
pressure of 7MPa for the 9.3:1 piston which had a target brake mean effective pressure (BMEP)
of 900kPa to match the output of the Blue Bird LPG engine at naturally aspirated conditions. The
11.9 and 14 compression ratio pistons were designed for higher peak pressures and BMEP. The
target compression ratios were achieved by milling material off the blank piston to obtain the

designed bowl shape and required clearance volume (V.), shown in Equation 1.

yo—
" (CR,—-1)

(D
Where:

Va is the displacement volume = 2.49 x 10*mm’

CR¢ is the target compression ratio = 9.3, 14

Figure 2.4 shows the CAD model and pictures of the piston configurations used on the X15 LPG

engine. The cooling galleries have been filled out in the CAD section views.
2.2.2 Spark Plug Configuration Options

Three sparkplug options shown in Figure 2.5 were considered for heavy-duty operation during
the course of this study. The Altronic L1863B massive 3-prong nickel sparkplug was used as the
baseline sparkplug. The sparkplugs were designed for large, and medium bore stoichiometric and
lean-burn engines. These low-cost sparkplugs were developed to be very reliable in conventional
stoichiometric engines with high compression ratios and could be used in either pre-chamber or
open chamber configuration [61]. They were used in open chamber configuration for the

duration of this study. One of the key advanced combustion strategies used in this work was the
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passive pre-chamber combustion enabled by the Woodward FTI pre-chamber sparkplug. The FTI
igniter which was developed for large bore lean-burn engines and designed for high in-cylinder
pressures generates a multi-jet flame front from the holes on its surface to provide a faster, more
stable combustion in these large bore engines [62]. The sparkplug operation produces an in-
chamber turbulence of its own which enhances in-cylinder turbulent dynamics in the engine and
promotes flame development while avoiding flame kernel quenching. The pre-chamber FTI
sparkplug was especially important in this work in mitigating misfire and knock thus extending
the EGR tolerance limit and increasing engine efficiency at high EGR-diluted in-cylinder
mixture operation. A regular J-Gap sparkplug was also tested to demonstrate the improvements

with the 3-prong and FTI sparkplugs.

Figure 2.4. Compression ratio optimization direction on the X15 LPG engine showing the CAD model
(top) and pictures (bottom) of the pistons for Left: The baseline 9.3:1 piston, Middle: The 11.9:1 “Natural
Gas” piston, Right: The CFD-optimized high-squish 14:1 piston.
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Figure 2.5. Spark plug options for the heavy-duty LPG engine operation Left: The Woodward Fast
Turbulent Igniter (FTI) Pre-chamber sparkplug, Middle: The Altronic L1863B 3-prong massive nickel
sparkplug, Right: The regular J-Gap sparkplug.

2.2.3 Injector Configuration Options

The engine operation on direct injection mode required a more involved process as the engine
cylinder head had to be redesigned to accommodate the direct injector due to the centrally located
sparkplug. The redesigned cylinder head was fabricated by Cummins and installed on the engine
along with the direct injector optimized for high-pressure LPG injection. A picture of both cylinder

heads used in this work during a cylinder head swap is presented in Figure 2.6.

The “original” cylinder head was used for the port-fuel injection configuration while the
redesigned head was used in direct injection mode. Three main injector configurations were tested
on the heavy-duty engine. Firstly, the baseline configuration as well as other high compression
ratio configurations involved port-fuel liquid LPG injection using a Siemens DEKA injector. The
initial set-up for the baseline study had one DEKA injector slightly upstream of the intake ports,
however, this design was optimized for high-load engine operation to a double-injector set-up with
valve targeting. Secondly, a Delphi 7-hole gasoline direct injector (Volkswagen 06M906036AE)
was modified for LPG use as the baseline DI injector on the engine. The modification involved a

metrology of two choice gasoline direct injectors (GDI) to understand seat dimensions, nozzle
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orifice dimensions, flow restrictions associated with the injectors. The Delphi injector was then
chosen for its ease of modification and form (long-body type injector). Next, a dynamic model of
the injector was created and recommended only injector nozzle orifice modification to achieve the
desired high LPG flow rate required for high load operation of the heavy-duty engine and mitigate
pressure losses. Based on the injector off-center location constraint and the required flow rate at
peak load, 1200RPM, target efficiency conditions, a new 5-hole nozzle was machined and welded
onto the stock Delphi injector to replace the 7-hole tip. The 5-hole nozzle pattern was designed to
guarantee LPG spray distribution to the center of the combustion chamber despite the off-center
location constraint. Finally, a commercially available high-flow LPG short-body injector (XDI 6-
hole injector) was physically modified for operation on the heavy-duty engine. The nozzle and
spray pattern remain unchanged; however, the injector was tweaked to ensure installation was
possible on the Cummins SCE. Details of the injectors and the injection configurations are

presented in Table 2.3 and Figure 2.7.

Figure 2.6. Engine cylinder head and manifolds swap in progress
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Table 2.3. Injection configuration details

Injector | Hole Injection Current Profile Average flow rate (g/s) at
Type Number | duration @ relevant injection pressures
nominal (MPa)

conditions* | Peak (A) Hold | 1.6 14 16 17

[duration (ms)] | (A)

Delphi |5 9ms 15 10 16.24 | 17.74 | 18.95
[3] N/A

XDI 6 4.8ms 17 4 30.87 33.97
[3]

Siemens | 1 I1ms 5 2.5 N/A

DEKA [2.5]

* Nominal conditions are 1200RPM, naturally aspirated, ¢ = 1, injection pressure: 17MPa for

Delphi, 13MPa for XDI and 1.6MPa for the Siemens DEKA injector.

The 3-hole injector was developed using CONVERGE CFD to optimize mixture homogeneity and
achieve effective LPG distribution to the bottom of the piston bowl. This 3-hole design emerged
as the best after simulations with other candidates at different engine operating conditions in terms
of intake pressure, fuel temperature, injection rates, and spray break-up or flashing tendency.
Actual testing of the developed 3-hole Delphi injector on the engine was designated as future work
and will not be discussed further in this study. A composite picture of the heavy-duty Cummins

ISX15L engine test cell and a few of its integral details are presented in Figure 2.8.

30



CYLINDER
CENTER

500 T
| spray target at 50 mm 3-hole .
below spray origin rev. 15

y (mm]
N @ s
8 g 8
S

8 &

o\e
o )

~100-——t L L
-300 -200 -100 0 100 200 300

Figure 2.7. Injector configuration details showing all the essential features and considerations for Top:
The modified Delphi 5-hole injector, its designed nozzle and spray schlieren image, Next: The high-flow
XDI injector modified to long body form and its unmodified spray pattern, Next: The disassembled
Delphi stock injector and a CFD optimized 3-hole spray pattern, Bottom: The PFI set-up showing the
DEKA injector, both locations considered for this study, the optimized double-injector PFI mount and
location designed for this engine.
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Figure 2.8. Left - X15 SCE; Top Right — Cut-out of key sections of the cylinder head showing the valves
and the centrally located spark plug, off-center installed direct injector and baseline 9.3:1 piston; Bottom
Right — CAD of the six-cylinder engine showing the active single cylinder, cylinder 6

23 The LPG Fuel Delivery System
2.3.1 Port Fuel Injection (PFI) System

The fuel injection system in Figure 2.9 was designed to ensure a steady supply of liquid LPG to
an injector just upstream of the intake valve on the SCE. The LPG injector used in this work was
the Siemens DEKA injector also used on the Roush Cleantech Ford 6.8L-V10 engine. The high
impedance injector was controlled by the LECM and delivered the required amount of liquid fuel
at all operating conditions. The liquid fuel delivery system consisted of a high-pressure nitrogen
cylinder connected to the vapor port of an LPG tank. The nitrogen enters the LPG tank, through
two sets of pressure regulators, at a pressure of ~1.6MPa. Several studies have shown that this
pressure is sufficiently above the LPG vapor pressure to ensure liquid LPG all through the system

[63, 64].
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Figure 2.9. The schematic of the PFI system.

The system was designed to incorporate the possibility of alternative fueling options on the SCE
with a 3-way valve installed just upstream of the Coriolis flow meter. Two accumulators were
installed up and downstream of the Coriolis flow meter to dampen any pressure fluctuations and
ensure a reliable fuel flow rate measurement with the flow meter. Density measurements were
displayed by the visual interface of the Coriolis flow meter, and this was a useful tool to confirm
the state of the LPG in the fuel line. A sight tube installed upstream of the engine also provided
visual confirmation of the phase of the fuel. Downstream of the liquid sight tube and bleed valve,
the fuel line was connected to an INFICON Micro gas chromatograph to give the real-time
composition of the fuel entering the injector. Battino et al. [65] showed that nitrogen was soluble
over time in LPG, so particular care was taken to eliminate this possibility in this work. The empty
LPG tanks were purged of nitrogen before each refill and its contact time with the LPG minimized

by only initiating the flow of the nitrogen gas into an LPG tank at the beginning of the test day.

2.3.2 Direct Injection (DI) System

The direct injection fuel delivery system expanded on the design and successful operation of the

baseline PFI fuel delivery system. The schematic is shown in Figure 2.10.
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Figure 2.10. A schematic of direct injection system.

The direct injection system was designed with the capability to supply high-pressure liquid LPG
at pressures up to 20MPa. Medium pressure liquid LPG is delivered into a cylinder rated to
pressures as high as 41.36MPa and a secondary nitrogen supply at the desired injection pressure
is flowed to compress the medium pressure liquid to the required injection pressure. Due to the
higher nitrogen solubility at the higher DI pressures [65] compared to the PFI system, the DI
system included a continuous fuel supply line to the Micro GC to provide real-time fuel
composition data. A braided tube was also installed upstream of the injector to dampen any

vibrations from the engine into the rigid high-pressure fuel supply line.

24 The Exhaust Gas Recirculation System

An existing exhaust gas recirculation system was modified for use on both the CFR and the
Cummins X15 engine. The original cart used by Scott et al., on the CFR engine [20] was designed

for EGR rates of up to 40% and included an Eaton VFD for speed control of an electric motor
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connected directly by a shaft to a twin-screw positive displacement blower that then provides
varying flow of exhaust gases, and an EGR cooler and a water heater to maintain temperatures to
the desired levels. The cart was slightly modified for the LPG configuration of the CFR engine by
including a valve at the inlet of the cart for effective isolation of the EGR system during engine
operation and finer control of the EGR flow and installing thermocouples at the inlet and outlet of
the cart for better thermal management of the exhaust gas flow properties as the AGA Report #3
flow measurements quoted in [20] were sensitive to flow properties. The cart was then modified
for heavy-duty engine use notably with the introduction of a belt and pulley system between the
electric motor and a Speedaire 3300H positive displacement blower capable of higher flows. The
inlet valve was maintained on the cart while the water heater was disconnected due to the higher
inlet pressure of the exhaust gases on the X15 engine negating the need for a heater. A final critical
modification was the introduction of a real-time CO> balance EGR rate calculation that eliminated
the uncertainties associated with the EGR flow rates calculation presented in [20] and ensured a
more accurate and consistent measurement of the EGR rates. To achieve this real-time EGR rate
measurement, a valve was introduced sufficiently downstream of the EGR entry point into the
airstream to allow for adequate mixing and upstream of the cylinder in both PFI and DI
configuration such that the CO> concentration in the mixture of the air and EGR could be measured
by the exhaust sampling devices. This CO2 concentration was compared relative to the CO>
concentration in the air and the exhaust to determine the EGR rate. The equations and assumptions

are described in section 2.5.5. A picture of the final modified EGR cart is shown in Figure 2.11.
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Figure 2.11. The EGR cart

2.5 Combustion Data Acquisition and Analysis Methods

Several analysis methods and tools were common to both engines and are presented below:

2.5.1 Knock Quantification Method

The engine control programs were capable of quantifying engine knock in several ways. Details
of these methods are contained in the work done by Bayliff et al. [20]. Two of these methods were
used in this work. Using the rotary encoder, the in-cylinder piezoelectric pressure transducer
provided high resolution pressure history that was analyzed in real time to get insight into the

combustion process in the cylinder. With the knowledge of the operating speed (and therefore
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sampling frequency) and the natural frequency of the engine, a bandpass filter was applied to the
pressure data to calculate the high frequencies of pressure oscillations caused by end-gas
autoignition. A fast Fourier transform (FFT) technique was then applied to this bandpass filtered

data to obtain the power spectrum of the signal.

A time averaged approach was then used to establish a knock index and to provide an objective
and repeatable metric for comparison of the overall intensity of knock experienced with different
fuels under the same engine operating conditions. The term knock integral was used to refer to the
area under the curve bounded by FFT power spectrum magnitude over a set number of combustion
cycles and was the first of the methods used throughout this work especially on the CFR engine.

The KI summation is given by Equation 2.
n

KI = Areabounded = Z{KL(l + 1) + KL(l)}/z
i=0

)
Where:
n = number of combustion cycles in a data set
KL(x) = knock level magnitude for a given combustion cycle, x.

The knock integral derived by summing the FFT power spectrum amplitudes (in kPa”) was
displayed real-time in LabView and logged for post-processing [14,20]. For this study, the knock
integral is summed over 200 consecutive cycles and provided a useful tool for the determination

of the intensity of knock during engine operation.

The second method involved a knock intensity calculation based on the Woodward LECM

operation called the knock ripple sum (KRS). The KRS method was used primarily on the heavy-
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duty Cummins engine and provided a consistent means of knock comparison across
configurations. The KRS considers the 50 previous pressure traces of engine operation and takes
an average of these traces to set as the reference. Knocking traces and their intensities can then be
analyzed by subtracting the reference trace from the knocking trace in real-time, generating a
history of pressure fluctuations vs crank angle degrees. The knock ripple sum is scaled on a 0 to
100% basis and thresholds of transition from no knock to light, medium and heavy knock were
determined and set during engine operation. This method was especially important in that it
effectively filtered out any engine noise without cutting out any low or high spectrum frequencies

as may be the case with bandpass filter dependent knock quantification methods.

2.5.2 Emissions Measurement and Analysis

Pollutants from the engines were measured using two devices:

A Rosemount 5-gas emissions bench analyzer from Siemens Instruments measures CO, CO,, THC,
NOx and O». A condenser removes water from the exhaust sample before the gas enters the
analyzer. A non-dispersive infrared (NDIR) approach is employed for the detection of CO and CO»
concentrations. THC emissions are detected by a flame ionization detector (FID). NOx is measured
using a chemiluminescence detector for NO, coupled with an inlet catalyst that converts NO> to

NO. Finally, the O> concentration is measured based on a paramagnetic detection technique.

A Fourier transforms infrared (FTIR) spectrometer (an MKS Instruments, Inc. Model No. 2030)
measures hazardous air pollutants and other compounds. Its working principle is based on the
absorption of different wavelengths of an emitted IR beam by the different components in the
exhaust gas. The signal is picked up by a detector and relayed to a computer where the Fourier

transform technique is applied to produce a unique IR spectrum of the gas. Using Beer-Lambert’s

38



law, absorbance is directly proportional to the concentration of the sample gas and the components

of the gas can thus be identified by the IR absorption spectrum.

In order to capture NMHC and for consistency, only the MKS spectrometer results were presented
in this work, however, the outputs were checked against the 5-gas analyzer output for
reproducibility and consistency. Methods developed by Urban et al., [66] described the calculation
of the air-fuel ratio using exhaust gas composition. Equations 3 - 5 from their work were applied
as a further check to calculate the equivalence ratios in this study, and all checked stoichiometric
conditions agreed to within 1% with the equivalence ratios output from the wide band lambda
sensor used on the engine. This pointed to excellent control of the air-fuel ratio and the accuracy

of fuel flow and exhaust measurements at all these conditions.

0.5 % y * (%C0) * (%CO + %CO2)

H2FAC =
¢ (3.5 * (%C02) + %CO)

3
A=025%y—05*z+ -
n 9%C02+((0.5%2)—0.25%y)«%HC+0.5+%CO+0.5+%NO0x+%02 —0.5*H2FAC
%C02+%CO+%HC
4
138.28 % A
AFR =
12.011 + 1.008 * y + 15.999 * z + 14.008 * f
&)
For the fuel CxHyO,N¢

Where:
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AFR = Air-fuel ratio
x=1
H2FAC is the computed exhaust H> concentration.

In this work, engine-out emissions were mostly presented and analyzed in brake specific terms

calculated from the measured ppm values using Equation 6 below.

mf*a*Yi*Mi
Mg+ X(Y; * a;) « W

bsi = ml/Wb =

(6)

Where:

bsi is the brake specific value of specie i

m; 1s the mass flow of specie i

W, is the brake power

iy is the fuel flow rate

a is the fuel carbon number

Y; is the mole fraction of species i

M; is the molar mass of specie i

Mg is the molar mass of the fuel

Z(Y] * aj) is the sum of all carbon carrying species j in the exhaust
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2.5.3 Heat Release Analysis

Heat release analysis was conducted using the single zone equation shown in Equation 7. On the
X15 Cummins engine the specific heat ratio, y, was deduced in real-time by the LECM using the
polytropic relation. The y of compression was calculated from 30 deg bTDC to 10 deg bTDC and
the y of expansion was determined from 10 deg after the location of peak pressure to 60 deg after
the location of peak pressure for that engine operating condition. The average of the compression
and expansion y was then used in Eq. 7 to evaluate the apparent heat release rate (AHRR). On the

CFR engine, a constant value of 1.35 was selected for the specific heat ratio and inserted in Eq. 7.

dQ y dv 1 dP
—= —P—4+ ——V—
dd y—-1 dé y—-1 d6

(7
Where:
P is the in-cylinder pressure
Q is the heat release
V is the cylinder volume
2.5.4 Uncertainty Analysis

Nominal repeat tests were conducted for every day of testing at the same engine operating
condition for the CFR and at a repeatable condition for each of the main configurations on the X15
heavy-duty engine to determine the random uncertainty with the assumption that system
uncertainties remained constant on the unchanged test cell. The random uncertainty for each

measured variable was then propagated to the results of interest using the root of summation of
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squares equation [67] in Equation 8. Plots describing the consistency and repeatability of the

engine under these nominal operating conditions can be found in the appendix.

n

®)

Where:

wp, is the total uncertainty of the result

Wy, 1s the uncertainty of the independent variable x;
2.5.5 [Exhaust Gas Recirculation

Exhaust gases were cooled and then recirculated back into the intake. The mass flow rates of the

measured and/or calculated quantities in Equation 9 were used to determine the EGR rate.

mEGR
(mEGR + mair + mfuel)

EGR% =

©)

where Mggr, Mg, and mg,,; are the mass flow rates (g/s) of the recirculated exhaust gases, air,

and fuel respectively.

On the CFR engine, mgsp was obtained using the measured flow properties and the calculations
reported in [20], however, these calculations were susceptible to slight changes in the exhaust gas
flow properties, so to improve this, CO> concentrations were used to calculate the mggr on the

heavy-duty X15 engine using Equation 10.
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= Megr+air_mix * XCOZ

Meir * XCOZair + megr * Xcozexh

egr+air_mix

X - X
Cozair Cozegr+air_mix

Megr = Mgir * —

Cozegr+air_mix €024y,

(10)
Where:

Xco, . 1s the mass fraction of CO; in air
air

co, _ is the mass fraction of the CO; in the intake manifold air and EGR mixture
egr+air_mix

Xco, . is the mass fraction of the CO; in the exhaust
ex

The main assumptions allowing this equation to be used were that the mole fraction of CO»> in air
was 410ppm, the LPG fuel had no CO: in its composition (confirmed by all gas chromatographs
results) and that the CO» already in the intake charge does not participate in any further reactions.
The EGR rates obtained with this method were in agreement with the calculated AGA report #3

values and showed the desired consistency.
2.5.6 Brake Thermal Efficiency

On the CFR engine the NK APT-TH series 10kW power transducer was used to measure the
electrical output from an induction motor connected to the engine. The generator efficiency of the

motor was known, and the brake thermal efficiency was calculated using Equations 11 and 12.

W,

Mo =y« LHV

)
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Wb = Vi/e/ngen

(12)
Where:

7p 1s the brake efficiency.

W, is the brake power calculated from Eq. (12).

my is the mass flow rate of the fuel.

LHYV is the lower heating value of the fuel.

Ngen 18 the known generator efficiency, and

W, is the electrical power

On the X15 engine, Equation 11 was also used to calculate the brake thermal efficiency, however,
the brake power was obtained from the brake mean effective pressure which was obtained by
subtracting the frictional mean effective pressure, calculated using the developed friction model,

from the gross indicated mean effective pressure
2.5.7 Combustion Intensity Metric

The CIM is an advanced combustion tool which monitors the effects of several key combustion
metrics in real-time to detect and control end gas auto-ignition in the cylinder to a desired fraction
[16]. This EGAI fraction was reliably controlled by the CIM which is a linearly scaled combination

of the metrics shown in Equation 13 with respect to a reference value.
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Prax BD PRR HRRq KI

(13)

where A are calibration constants, Pmax 1s the peak pressure (bar), BD is the burn duration (CAD),
PRR is the pressure rise rate (bar/deg), HRR; is the heat release rise rate slope (J/deg/deg), and KI
is the knock intensity. The CIM which is an embedded parameter in the engine control module was

recalibrated for engine operation on LPG due to the strong fuel effects on these five metrics.
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CHAPTER 3. LOW-CARBON FUELS FOR SPARK-IGNITED ENGINES: A
COMPARATIVE STUDY OF COMPRESSED NATURAL GAS AND LIQUEFIED
PETROLEUM GAS ON A CFR ENGINE WITH EXHAUST GAS RECIRCULATION?

3.1 Overview

The foregoing review reveal that LPG and CNG are two of the forefront alternative, low-carbon
fuels capable of addressing the emission burden of conventional fuels, diesel and gasoline, in the
transportation sector, but they also reveal that further research is still required especially in the area
of engine hardware development, exhaust gas recirculation, end-gas auto-ignition and the
development of advanced combustion strategies before these fuels can gain substantial adoption
and contribute to this end goal of fuel diversification and decarbonization. This chapter presents
the first phase of the larger work with set goals to develop high efficiency alternative fuel heavy-

duty engines.

As fleet managers consider several alternative fuel options in their decision-making process, this
direct comparison of these two choice fuels provides useful insights and adds to the body of
knowledge. This chapter first explores the combustion, performance, and emissions behavior of
LPG and CNG across different compression ratios and engine loads on an SI cooperative fuel
research (CFR) engine. The study then experimentally expands on recent numerical work done by
Ge et al. [32] by comparing the EGR dilution tolerance of the two fuels, CNG and LPG, for a given
load and at two compression ratios. Finally, this chapter extends previous work done exclusively

with natural gas engines, by exploring the end-gas auto-ignition behavior and combustion benefit

3 Chapter 3 extracted from published manuscript

[24] Fosudo, T., Kar, T., Windom, B., Olsen, D. Low-carbon fuels for spark-ignited engines: A comparative study of
compressed natural gas and liquefied petroleum gas on a CFR engine with exhaust gas recirculation. Fuel (360)
2024, 130456.

https://doi.org/10.1016/j.fuel.2023.130456.
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of using the CIM on an SI engine fueled with LPG. In the experimental investigations, pipeline
natural gas (86% methane) and locally supplied LPG (95% propane) were used for the

performance, emissions, and combustion comparison and the results discussed.

The chapter is extracted from a journal article [24] published in Fuel (Fuel 360 (2024) 130456)
and begins with a quick overview. A brief section on the experimental methods and test matrices
particular to the chapter follows, before a discussion of the results and a short conclusion brings

the chapter to an end.

3.2 Experimental Methods

The CFR engine was operated on gaseous LPG and CNG to compare the performance, emissions,
and combustion characteristics of both fuels on the engine. CNG supplied to the research facility
and LPG with constituents conforming to the U.S. HD-5 standard was specified and certified by a
local gas supplier to a £2% accuracy. Fuel samples were collected and also constantly monitored
during engine operation using an INFICON Micro GC to ensure constancy of fuel composition
and provide gas chromatography results. The experiments involved a compression ratio sweep
from 7:1 (non-knocking condition) to a knocking compression ratio for both fuels, then load was
swept by increasing the intake manifold air pressure from just above atmospheric pressure to the
engine load limit. EGR was then introduced at CR 8:1 and 9:1 and high engine loads. Finally, the
CIM was calibrated for LPG use and varied from 0 to 80%. The properties and composition of the
fuels used for the experiments in this chapter, and the test matrix are shown in Tables 3.1 and 3.2

respectively.
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Table 3.1. Test fuel properties [68 — 70]

Composition (% vol) LPG CNG
Methane - 86.01
Ethane 0.01 10.05
Propane 95.64 1.34
Propylene 2.53 -
n-Butane 1.75 0.15
i-Butane 0.05 0.09
n-Pentane - 0.02
i-Pentane - 0.02
Nitrogen 0.02 0.36
Carbon dioxide - 1.96
Properties

LHV (MJ/kg) 46.32 46.8
Laminar flame speed (cm/s) 40.32 36.65
Stoichiometric AFR 15.54 15.98
H:C ratio 2.65 3.69
Methane number 33 74
Autoignition temperature (°C) 454 -510 540
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Table 3.2. The test matrix

Variable LPG CNG

Compression Ratio (CR) 7-10 7-10,12

Engine Load (bar) 8-11 8-11

EGR @ CR 8:1 (%) 10 - 30 10 - 25
EGR @ CR 9:1 (%) 10 -30, 35 10 - 30

CIM (%) 0-80 0-80

Engine operating conditions: ¢ = 1, Speed = 900RPM, Coolant Temperature = 95°C, QOil
Temperature = 55 — 60°C, Mixture Temperature = 60°C, IMAP = 1.013bar* CA50 = 9.5°aTDC

*IMAP was varied based on load requirement
33 Results and Discussion

This study presents a comparison of the combustion, emission, and performance characteristics of
two select low-carbon fuels: LPG and CNG, on a single cylinder CFR engine. Combustion
parameters such as in-cylinder pressures and AHRR were analyzed, engine-out emissions like
NOx were evaluated in a brake power normalized format, and performance was quantified in terms
of brake thermal efficiencies (BTE). The investigations were performed at different compression

ratios, engine loads, EGR rates, and CIM% for each fuel and the following results obtained.
3.3.1 Effect of Compression Ratio

This section discusses the effect of compression ratio on the characteristics of both fuels. First,
Figure 3.1a presents a measure of the knock intensity as CR was increased from a non-knocking
CR of 7:1 for both fuels. A subjective limit above which knock began to occur on the CFR engine
was defined as KI = 6kPa®. As CR was increased to 8:1, LPG began to experience incipient knock,

developing rapidly to medium knock at CR 9:1 and on to heavy, destructive knock at 10:1.
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Meanwhile, CNG did not experience any form of knock until CR 10:1 while also demonstrating a
gentler rise, compared to LPG, to medium knock which was induced at CR 12:1. This variation in
knocking tendency is due to the composition of both fuels. The longer carbon chains in the
dominant component of the LPG, Propane, has a higher knocking tendency than that of the primary
component of the CNG, Methane [10]. This difference can be quantified in terms of octane
numbers (ON), where the higher ON for CNG (120) enables it to be more resistant to knock than
LPG (104) [71, 72]. Also, since they were both introduced as gaseous fuels on the test cell, a
comparison of methane number (MN) shown in Table 3.1 supports the higher knocking tendency
of LPG over CNG. Results from Malenshek et al. [13] showed that fuels with similar MN to the
LPG and CNG fuels used in this study experienced knock at approximately the same CR as those

observed in the present study.

Next, the in-cylinder pressure traces and AHRR at CR 7:1, 10:1 and 12:1 (CNG only) are shown
as a function of CR in Figure 3.1b. LPG combustion indicated a higher AHRR at all conditions
with a shorter duration of heat release compared to CNG which translates to quicker fuel energy
release and shorter combustion durations in favor of LPG. In terms of the in-cylinder pressures,
LPG indicated peak pressures higher by 6% at CR 7:1 and then by 22% at CR 10:1 compared to
CNG and also exhibited more advanced location of peak pressures (LPP) at both CR. However, it
is desirable to increase CR, peak pressures, and advance LPP without the occurrence of destructive
knock and CNG achieved the highest CR (i.e., CR 12:1) and peak pressures recorded during the
CR tests with only medium knock. The steeper slope after the inflection point on the LPG pressure
trace at CR 10:1 even compared to CNG at CR 12:1 indicated a rapid rate of pressure rise typically

associated with end-gas auto-ignition.
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Figure 3.1. Variation of (a) Knock Integral (b) In-cylinder pressure and AHRR (c) brake specific
emissions (d) BTE, with compression ratio for CNG and LPG

In addition, the brake specific (bs) NOx, THC and NMHC are graphed in Figure 3.1c. The exhaust
sampling results showed that LPG produced slightly higher ppms of NOx compared to CNG; for
example, at CR 9:1 LPG NOx emissions were recorded as 4078ppm compared to 3941ppm for
CNG at the same CR. However, this trend was reversed upon normalization with brake power as
presented in Figure 3.1c as a result of the higher brake powers generated by LPG at every CR.
Since NOx chemistry is primarily determined by local in-cylinder temperatures, an approximation
for the peak in-cylinder temperatures was determined using the ideal gas equation and this showed

higher peak temperatures for LPG across all CR which supports the higher NOx ppm values for
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LPG. In terms of the CR effect alone, as CR increases, pressure and temperature also increase with
a consequent increase in NOx ppm observed in this study. However, this increasing effect was
counteracted by the reducing effect of the normalization with higher brake powers at higher CR.
The bsTHC emissions in Figure 3.1c described a more distinctive increasing trend with CR. This
is likely largely due to the crevice volume effect, with the high in-cylinder pressures recorded at
high CR forcing more gas into the crevices. This gas then rejoins the exhaust stream during the

expansion stroke as unburned hydrocarbons (UHC).

Comparing both fuels, LPG indicated higher bsTHC than CNG except at CR 8:1, with the most
being 8.4g/kW-hr at CR 10:1, 7% more than the bsTHC of CNG at this CR. Another important
class of regulated emissions for SI LPG engines are NMHC, as such the bsNMHC emissions were
also evaluated and plotted in Figure 3.1c. CNG operation reduced bsNMHC emissions compared
to LPG by over half at every tested CR showing an almost 72% reduction at CR 10:1. This
reduction was due to the composition of the CNG (i.e., 86% CHas by vol) and the fact that a larger
percentage of its THC emission was made up of CH4. However, CH4 is a potent contributor to
GHG and should also be minimized. The notable difference in Figure 3.1c between the bsTHC
and the bsNMHC numbers is the bsCH4, which increases with CR as observed from the divergence
between the bsTHC and bsNMHC lines. This divergence is likely due to the greater rate of low
temperature oxidation of higher hydrocarbons on reentry into the combustion chamber from the
crevice volume compared to CH4. Similar NMHC/CH4 behavior of LPG and CNG has also been

reported in the literature [73].

Finally, the performance metrics are presented in terms of BTE in Figure 3.1d, where BTE was
observed to increase in tandem with CR due to improved cycle efficiency [7, 10]. LPG indicated

a higher BTE value at every tested CR when compared with CNG, with a maximum relative
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increase of 7% at CR 8:1, where LPG had an efficiency of 21.54% compared to 20.11% with CNG
fueling. This can be attributed to the combined contribution of the reduced burn durations and
higher AHRR for LPG compared to CNG which was shown in Figure 3.1b. These differences
between the fuels were linked to the superior laminar flame speed (LFS) shown in Table 3.1 and
the fuel energy density [71] of LPG compared to CNG. The LFS was calculated at STP using the

ALPINE 153 mechanism in CHEMKIN [68].

3.3.2 Effect of Engine Load

Engine load, represented by the net IMEP, was swept at CR 8:1 from 8bar until the load limit of
the engine at 11bar was reached. The results for both fuels are presented in this section. The in-
cylinder pressures and AHRR for the LPG and CNG fueling configuration at 8bar and 11bar are
shown in Figure 3.2a. The LPG pressure traces indicated higher peak in-cylinder pressures, 6.5%
higher at 8bar engine load and 10% higher at 11bar, with LPP also closer to TDC than their CNG
counterparts. Another feature of the in-cylinder pressure traces was the steeper slope observed for
LPG as its rate of pressure rise differed markedly from that for CNG. Similar to the CR case in
Section 3.3.1, LPG demonstrated faster AHRR with much higher peaks than CNG. For example,
the peak AHRR at 11bar engine load was 0.24kJ/deg for LPG compared to 0.1kJ/deg for CNG.
The shape of the AHRR curves, at 8bar engine load for LPG, with the distinctive shoulder also
suggested the presence of a secondary combustion event typically associated with end-gas auto-
ignition. These dissimilar combustion characteristics were due to the differences in reactivity of

the primary constituents of both fuels, Propane for LPG, and Methane for CNG.

Figure 3.2b shows the knock integral (KI) characteristics of both fuels at the same engine operating
conditions, CNG demonstrated a clear advantage owing to its ON/MN as previously discussed in

Section 3.3.1, remaining below the knock limit at all engine loads. LPG on the other hand, started
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to experience light knock from 8bar engine load as was suggested by the distinctive shoulder on
the AHRR curve. LPG also indicated an exponential rise in knocking intensities as engine load

was increased. For both fuels, however, the KI increased with increasing engine load.
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Figure 3.2. Variation of (a) In-cylinder pressure and AHRR (b) Knock Integral (c) brake specific
emissions (d) BTE, with engine load for CNG and LPG

The brake specific NOx, THC and COzeq are shown in Figure 3.2c for both tested fuels. The
bsNOx values for CNG were observed to be higher than for LPG at all engine loads. In addition
to the in-cylinder temperature and brake power normalization discussions mentioned in Section
3.3.1, the N> present in the CNG fuel and quantified in Table 3.1 may be a possible contributor to

the CNG NOx emissions. However, the normalization by a lower brake power remains the key
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reason for the higher bsNOx emissions of CNG despite the higher ideal gas peak in-cylinder
temperature of LPG compared to CNG ( for example 2851K compared to 2744K at 8bar engine
load) and its effect on the raw NOx ppm values. Figure 3.2c also illustrates the variation of the
brake specific THC for both tested fuels across the engine loads. HC emissions are primarily due
to the incomplete combustion of the fuel. From the results, CNG and LPG demonstrated opposing
trends as load was increased; similar trends were also observed for CNG and LPG [27] and LPG
only [36]. Finally, bsCO2eq emissions are shown in Figure 3.2¢c. These composite GHG emissions
combine the effect of CO, CH4 with a 25-unit multiplier, and N>O with a 298 multiplier to present
a CO; equivalent emissions metric. These emissions, although dominated by the bsCO2 emissions,
demonstrate the importance of considering the CH4 and N2O emissions. Due to its higher H:C ratio
shown in Table 3.1, the bsCO> emissions of CNG at all tested engine loads were considerably
lower than the LPG bsCO, similar to results presented in the literature [73]. Nevertheless, CNG
produced significantly higher bsCOzeq emissions at all tested engine loads, showing a 10%
increase at low engine loads and a 4% increase in bsCO2eq at the engine load limit compared to
LPG. This trend is a result of the higher concentrations of CH4 emissions, a potent GHG, produced

by CNG.

BTE, shown in Figure 3.2d, increased as engine load was increased as a result of minimized
friction and pumping losses at the boosted engine conditions [28, 74]. Comparing CNG and LPG
BTE values, LPG produced a maximum BTE of 24.4% at the engine load limit, a 5% relative
improvement in efficiency compared to CNG at the same engine load. The largest improvement
was recorded at 8bar engine load where CNG produced a BTE of 20.5%, 9% relatively lower than

the LPG BTE at this condition. The fuel effect on BTE was discussed in Section 3.3.1 with another
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possible contributor, captured in Figure 3.2a, being the proximity of the LPP to TDC with LPG

combustion compared to CNG, which suggests increased work transfer to the piston.

3.3.3 Effect of Exhaust Gas Recirculation (EGR)

The results from the CR and engine load investigations were then analyzed and guided the EGR
tests. This section presents the influence of EGR dilution on the performance, emission, and
combustion behavior of both fuels. EGR was added to the fuel-air mixture at CR 8:1 and 9:1 with
the engine load maintained at 10bar by varying the IMAP. Details of the combustion characteristics
are presented in Figure 3.3. Figures 3.3a and 3.3b illustrate the interaction between the KI, the
combustion stability expressed in terms of the COVpeak pressure, and the EGR rate. As EGR is added
and the intake charge becomes more diluted and less reactive, the COV increases to a limit above
which combustion can be said to be unstable, usually marked by high cycle-to-cycle variability. In
this study, a COVpeak pressure 0f 10% was adopted as the COV limit, and the EGR% at which this

COV limit was reached referred to as the EGR limit.

Accordingly, as EGR% was increased in Figures 3.3a and 3.3b, the COV peak pressure also rose until
it crossed the 10% limit for both CNG and LPG. LPG indicated a higher tolerance for dilution with
EGR, with an EGR limit of 26% at CR 8:1, achieving a 13% relative improvement compared to
the EGR limit for CNG. At CR 9:1 the dilution tolerance gap was even wider as LPG indicated an
EGR limit of 28%, achieving double the relative improvement (27%) compared to CNG. This
improvement in EGR tolerance could likely be due to the differences in early flame development
and flame propagation times linked to the superior flame speed of LPG shown in Table 3.1. For
example, at CR 9:1 and 30% EGR, the 10-90% mass fraction burned duration was calculated to
be 22.3 CAD for LPG and 34.8 CAD for CNG. However, recent computational studies by Ge et

al. [32] comparing two fuels of similar flame speed still showed significant differences in EGR
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dilution tolerances and they proposed the Lewis number or low temperature chemistry as possible
dominant factors in EGR dilution mechanics. Therefore, these experimental results suggest that
fuel low temperature chemistry may possibly be a key factor in determining EGR dilution
tolerance as despite the lower Lewis number of CNG, LPG still demonstrated substantially
improved EGR dilution tolerances. These effects were likely amplified by increasing the CR for
LPG in particular, as it was discovered that the CNG EGR limit remained approximately the same

at both CR.

A documented desired effect of EGR is its mitigating effect on knock, thus allowing engine
operation at higher CR and engine loads especially for fuels with high reactivity such as LPG. This
effect was demonstrated especially for LPG, in Figure 3.3a, as the KI was reduced by 84% from
medium knock levels to a stable, knock-free engine operation in the window between 22% EGR
and the EGR limit at 26%. From Figure 3.3b, it is seen that the KI was reduced even more
remarkably by 98% at the higher CR, as the engine was transitioned from heavy, destructive knock
without EGR to light knock at the EGR limit. These effects were much less pronounced with CNG
as the engine only experienced some level of incipient knock at CR 9:1 without EGR, and they

were quickly counteracted by the increased dilution.

The in-cylinder pressure traces and AHRR at CR 8:1 and 9:1 are shown in Figures 3.3¢ and 3.3d.
For LPG, the addition of EGR was observed to reduce the peak in-cylinder pressures and retard
the LPP up until the EGR limit at both CR. In the case of CNG, a similar trend was observed at
CR 9:1 with a slight difference at CR 8:1, where only the LPP trend was observed, and peak
pressures remained approximately equal. The AHRR curves also described very definitive trends
for both fuels. For LPG, the peak AHRR was reduced by 62%, from 0.19kJ/deg without EGR to

0.07kJ/deg around the EGR limit, at CR 8:1 and from 0.27kJ/deg without EGR to 0.08kJ/deg
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around the EGR limit at CR 9:1. For CNG, a similar peak AHRR reduction trend was observed
but by lesser amounts: 38% at CR 8:1 and 60% at CR 9:1. A key feature of the AHRR curves for
both fuels was the longer AHRR duration as EGR was introduced, indicating longer burn durations

in the combustion chamber. Ravi et al. [30] showed similar combustion behaviors in their study.
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Figure 3.3. Various combustion metrics at different EGR rates for CNG and LPG and at different
compression ratios: (a) Knock Integral and COVpeak pressure @crs:1 (b) Knock Integral and COVeak pressure
@cro:1 (¢) In-cylinder pressures and AHRR gcrs:1 and (d) In-cylinder pressures and AHRR gcro:1

In terms of brake specific emissions presented in Figures 3.4a and 3.4b, LPG bsNOx was reduced
by 80% from 32.24g/kW-hr to 6.7g/kW-hr as EGR was introduced to the intake charge from 0%

up to the EGR limit at CR 8:1. This reduction was furthered at CR 9:1, as bsNOx was minimized
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by around 90% from 34g/kW-hr to 3.5g/kW-hr within the same EGR window, while the bsNOx
was reduced by approximately 70% for CNG at both CR. This trend continued even after the EGR
limit when combustion had become unstable. This EGR influence on NOx is a result of the
elevated heat capacity of the cylinder charge due to introduction of exhaust gases, and the
decreased flame temperatures, which effectively reduce NOx. This mitigating effect of EGR on
NOx is outlined in the literature [10, 20, 30]. As combustion transitioned from slow burn w.r.t
increasing EGR rates to misfire after the EGR limit, the bsTHC emissions remained fairly constant
around 7g/kW-hr up until the EGR limit and then spiked to over 6 times that value to greater than
42g/kW-hr for both CNG and LPG at CR 9:1 suggesting misfire at those extremes. At CR 8:1,
LPG bsTHC indicated similar trends to those exhibited at CR 9:1; however, while the bsTHC
emissions for CNG increased after its EGR limit, it was not as dramatic as was observed for LPG.
As discussed above, this EGR - bsTHC behavior resulted from decreased burn rates as combustion
transitioned from slow burn to misfire, leading to the incomplete combustion of the fuel. These

trends were also captured by Bayliff et al. [20].

Finally, bsCO2eq emissions are shown for both fuels at CR 8:1 in Figure 3.4a while bsNMHC are
shown for both fuels at CR 9:1 in Figure 3.4b. As discussed in Section 3.3.1, the bsNMHC for
CNG was observed to be significantly lower compared to the bsNMHC of LPG, and this trend
persisted as EGR rates were increased. Although CNG was mainly Methane, the presence of
NMHC in its exhaust emissions is due to the recombination reactions to higher hydrocarbons
which can be found in the low temperature chemistry of Methane. There are also the 10% by vol
C2Hg and 1.3% by vol C3Hg present in the fuel shown in Table 3.1 which can escape as unburnt
hydrocarbons from the crevice volumes or during misfires/partial combustion. After the EGR limit,

this bsNMHC produced by CNG rose to approximately match the bsNMHC at the EGR limit of
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LPG. In this regard, CNG had exceeded its EGR limit but still produced low enough bsNMHC at
around 6.5g/kW-hr to match that of LPG even though LPG was still within its EGR limit. In Figure
3.4a, the bsCOzeq emissions decreased with increased EGR, then began to rise a few percentages
before the EGR limit for both fuels, suggesting that if all relevant emissions are considered, an
optimal EGR amount may not necessarily exist at the EGR limit but slightly retarded from that

EGR%.

Figures 3.4c and 3.4d present the BTE for both fuels at the two tested CR. BTE demonstrated an
increasing trend up until the EGR limit for both fuels, this influence of EGR on BTE was likely a
result of reduced pumping work and fuel consumption as well as reduced heat loss in the
combustion chamber as temperatures were much lower [75]. For example, pumping work
calculated from the in-cylinder pressure data was reduced by 11% from 98J at 0% EGR to 87J at
the EGR limit for LPG at CR 8:1. After the EGR limit, however, BTE dropped sharply for both
fuels due to the unstable combustion illustrated by the high COV peak pressures associated with high
dilutions shown in Figures 3.3a and 3.3b. These high COV peak pressures Underscored misfire/partial
combustion which was responsible for the elevated bsTHC emissions in Figures 3.4a and 3.4b
which in turn would have a deleterious effect on combustion efficiency and BTE. Comparing the
fuels, the disparity in performance was more obvious for all EGR rates at CR 8:1 with LPG fueling
responsible for a maximum 3% relative improvement over CNG at 25% EGR. Conversely, the
brake thermal efficiencies of the fuels were more closely matched at CR 9:1, until a strong
divergence point at 30% EGR, where LPG achieved a 25% relative improvement in performance
as a result of its higher EGR tolerance. The maximum BTE recorded during this study was 25.2%,

achieved with LPG fueling at CR 9:1, 10bar engine load, and 30% EGR.
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Figure 3.4. Plots of emission and performance metrics at various EGR rates for CNG and LPG and at
different compression ratios showing (a) brake specific emissions gcrs:1 (b) brake specific emissions
@cro:1 (¢) BTE @crs:1 and (d) BTE @cro:1

3.3.4 Combustion Intensity Metric (CIM)

Finally, this chapter preliminarily explores the possible benefits on the combustion and
performance of LPG using the real-time ignition timing control tool, the combustion intensity
metric (CIM). The CIM, a robust combustion control tool, which takes into account several key
combustion metrics outlined in equation 13 had been previously applied for natural gas operation
optimization [16, 76]. The CIM, which was to be used to initiate a desired fraction of end-gas auto-
ignition (f-EGAI), was successfully recalibrated for use with LPG in this study. Figure 3.5a shows

the relationship between CIM and f-EGAI for CNG and LPG. The CNG data, culled from previous
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work on the CFR engine by Bayliff et al. [20] described a steeper relationship, 0.15 to 0.53 f-EGAI
as CIM was varied from 20 to 80%, compared to the narrower control region indicated for LPG,
0.31 to 0.5 f-EGALI. This was an indication that LPG transitioned more suddenly into end-gas auto-
ignition as opposed to CNG, which exhibited a steadier climb into end-gas auto-ignition. The fuel
reactivity and knock resistance, discussed in Sections 3.3.1 and 3.3.2, are likely responsible for

this trend.
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Figure 3.5. (a) fraction of end-gas auto-ignition vs CIM for CNG and LPG (b) COV ek pressure, MFB 10-
90% and MFB 50-90% vs CIM for LPG

In Figure 3.5b, the COV peak pressure, MFB 10-90% and 50-90% are shown. Hampson et al. [16]
suggested that CIM could be responsible for effecting a more controlled volumetric ignition as
opposed to isolated harmful pockets of end-gas auto-ignition. They suggested that this could be
achieved by shortening the combustion duration and especially, the 50-90% time during which
end-gas auto-ignition is most likely to occur so that desirable auto-ignition is happening
volumetrically all through the combustion chamber at approximately the same time. The trends
showed that as CIM was increased, the 10-90% burn duration for LPG was reduced; however,
more desirable was the reduction in 50-90% time, which even exhibited a slightly quicker decline

compared to the 10-90% burn duration. The COVpeak pressure Was also shown to improve as CIM
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was increased suggesting less cycle-to-cycle variability, linked to the more favorable combustion
phasing, the quicker burn durations, and possibly, this controlled volumetric auto-ignition. Finally,
the influence of CIM on performance is captured in Figure 3.6. The BTE increased from 23.1% at
CIM 0% to a maximum at CIM 20% which corresponded to an f-EGAI of 0.31. Bayliff et al. [20]
reported a similar result for CNG, with the maximum BTE w.r.t CIM observed at an f-EGAI of
0.33. This increase in BTE was the result of the advanced ignition timings as CIM was increased,

which shifted the LPP closer to the TDC and increased work transfer to the piston.
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Figure 3.6. BTE vs CIM at ¢ = 1, CR = 8:1 and 10 bar engine load for LPG fueling
34 Conclusions

This chapter compared the combustion, emissions, and performance characteristics of two
forefront low-carbon alternative fuels, LPG and CNG. Experimental investigations were
conducted over a range of compression ratios, engine loads, and exhaust gas recirculation rates on

a spark-ignited CFR engine. The application of a novel, robust combustion control tool was also
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explored for LPG after having previously been studied with CNG in different works. The main

findings are summarized below in this section.

CNG demonstrated an advantage in terms of engine operation at higher engine loads and
compression ratios, allowing knock-free engine operation up until the engine load limit and only
experiencing medium level of knock at CR 12:1. On the other hand, LPG began to exhibit knocking
combustion at lower compression ratios and engine loads and demonstrated a steeper rise in knock
intensity as the engine transitioned into heavy knock at CR 10:1 and at the engine load limit. In
general, however, LPG consistently indicated enhanced combustion characteristics with faster and
higher AHRR, shorter burn durations, higher peak pressures, and closer to TDC locations of peak

pressure compared to CNG.

Despite the higher compression ratios achieved by CNG, LPG performed marginally better in
terms of BTE, accounting for the highest BTE with 22.7% at CR 10:1 compared to 21.9% for CNG
at CR 12:1. LPG also performed significantly better at all tested engine loads, producing a
maximum efficiency of 24.4% compared to 23.3% for CNG at the engine load limit. CNG was
observed to generate significantly higher bsCOzeq emissions, a direct consequence of its
considerably higher CH4 emissions despite indicating lower bsCO> emissions compared to LPG.
For example, the CNG fuel was responsible for a 10% and 4% higher bsCO»eq at low engine loads

and at the engine load limit respectively.

LPG indicated superior EGR tolerance compared to CNG at the two tested compression ratios with
a maximum EGR limit of 28% at CR 9:1 compared to 22% for CNG at the same CR suggesting
that fuel low-temperature chemistry and flame speeds had a more significant effect on EGR
dilution tolerance than the Lewis number. This superiority was further demonstrated at the LPG

EGR limits, as LPG accounted for a 3% relative improvement in BTE at CR 8:1 and a 25% relative
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improvement at CR 9:1. EGR demonstrated a strong effect on bsNOx reducing the engine-out
bsNOx at CR 8:1 by 80% from 32.24g/kW-hr without EGR to 6.7g/kW-hr at the EGR limit and
exhibiting an even stronger effect at CR 9:1 by eliminating 90% of the bsNOx within the same
EGR window for LPG. Similarly, this effect was observed for CNG but to a lesser degree as bsNOx
was reduced by approximately 70% at both CR. EGR was also found to be effective at mitigating
heavy knock as it reduced the LPG knock intensity metric by 98% at CR 9:1, transitioning the
engine from heavy knock without EGR to light knock at the EGR limit. For LPG at CR 8:1, this
KI reduction was 84%. CNG, however, only began to experience incipient knock at CR 9:1, and
as such, this EGR effect was not apparent. Finally, the combustion intensity metric (CIM) was
successfully applied as a combustion control tool for LPG to perform controlled end-gas auto-
ignition combustion and for performance enhancement. LPG operation demonstrated a 50%
narrower region of control for the fraction of end-gas auto-ignition compared to CNG indicating a

faster transition from normal combustion to an end-gas auto-ignition regime.

The findings suggest that determining an optimal EGR rate considering efficiency and relevant
emissions is key to the overall performance of the LPG engine. They also illustrate the potential
to apply the robust CIM tool to speed up the slower burn rates associated with higher EGR rates
which may possibly extend the EGR limit and further increase efficiency. This chapter provides
some clarity on research questions 1,2 and 4 and demonstrates the regions of superiority of the

LPG fuel for further engine operation.
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CHAPTER 4. THE IMPACT OF LPG COMPOSITION ON PERFORMANCE, EMISSIONS,
AND COMBUSTION CHARACTERISTICS OF A PRE-MIXED SPARK-IGNITED CFR
ENGINE*

4.1 Overview

After successfully setting up the CFR to run on LPG and demonstrating its advantages in terms of
efficiency, emissions and EGR tolerance, several LPG blends that broadly represent the present
LPG market were chosen to study the effect of LPG composition on the engine. The composition
of LPG used as a transportation fuel varies according to season, country, properties of the supply
crude oil/gas used, refining process and the balance of demand for the different refined products.
In other words, there is no universal standard defining LPG composition for automotive
applications. In Europe, LPG for the automotive market must comply with EN 589, which does
not define the composition of the fuel, but puts limits on its properties [6]. The HD-5 specification
exists in the US, which limits LPG compositions to > 90% Propane and < 5% Propylene. Between
2017 and 2018, Gomez et al. [77] documented the fuel quality and variability of LPG constituents
across the continental United States. They found that LPG fuel quality from around the US was
consistent in quality, and in most cases, well within the HD-5 specification limits [77]. Their results
also showed LPG in the US typically contains higher amounts of ethane compared to other
constituents (excluding propane). Campbell et al. [6] showed that the LPG in Europe mainly

consisted of propane and n-butane [6].

4 Chapter 4 extracted from published manuscript

[7]1 T. Fosudo, T. Kar, A. Marchese, B. Windom, D. Olsen. The Impact of LPG Composition on Performance,
Emissions, and Combustion Characteristics of a Pre-mixed Spark-Ignited CFR Engine. SAE Technical Paper 2022-
01-0476,2022. doi:10.4271/2022-01-0476
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Due to this variance in composition and the potential demonstrated in Chapter 3, it is a worthy
venture to study the effects of LPG fuel composition on engine performance, emissions, and
combustion behavior. Previous research works have only studied the effect of n-Butane and
propane in the LPG composition on engine performance. However, the effects of unsaturated and
lower hydrocarbons such as propylene and ethane, which are also present in common LPG blends,
on the emission and performance characteristics of LPG engines remain to be properly studied.
This work seeks to provide a more representative study of the influence of LPG composition on

engine characteristics.

The chapter is extracted from a technical conference proceeding [7] presented at the SAE World
Congress Experience (WCX) and begins with a quick overview. A brief section on the
experimental methods and test matrices particular to the chapter follows, before a discussion of

the results and a short conclusion brings the chapter to an end same as Chapter 3.

4.2 Experimental Methods

The engine used for this experimental study was the single cylinder, variable compression ratio,
4-stroke CFR engine. Three LPG blends identified as a representative US blend (%vol ethane =
6.5), a representative European blend (%vol n-butane = 18) and an HD-5 blend (%vol propylene
= 2.5) were selected for this study. Also, chemically pure propane was included to provide a base
of comparison with the other blends. The LPG blends were delivered in the liquid state in cylinders
and the fuel in gaseous form was drawn from the top of the cylinders during engine operation. The
compositions of the gas stream supplied from the top of the cylinders were analyzed as described
in Section 3.2 and the fuel properties presented in Table 4.1 while the hydrocarbon constitution of
the LPG blends is illustrated in Figure 4.1. The test matrix shown in Table 4.2 was designed to

study the composition effects of each blend by employing a CR sweep, a load sweep, and an EGR
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sweep while keeping other engine operating conditions constant. The CR was initiated from a point
at which there was normal combustion for all blends i.e., without end-gas auto-ignition, and then
swept by one-unit increments, through trace knock, and up to heavy knock for all blends. A
baseline CR was then defined from the results of these tests. Spark timing was varied to maintain
CAS50 at ~ 9.5° aTDC for each test case (MBT for all cases was found to be between CA50 8.5-
10° ATDC). Each test case was run at stoichiometric conditions and a constant speed of 900RPM,

and all the experimental data taken at steady state engine operating conditions.
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Figure 4.1. LPG blend composition showing other dominant constituents

In this chapter, the knock occurrence crank angle (KOCA) was an important metric for comparison
between blends and it was calculated based on the third derivative of the average in-cylinder
pressure trace, close to the peak knock region [78]. A central difference scheme numerical method

was used, defined by Equation 14.
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Table 4.1. Selected LPG blends composition details and their properties

LPG Blends Chemically US HD-5 European
Pure Propane | Representative Representative
(US Rep.) (EU Rep.)
Composition of | Propane - 99.9 | Propane - 92.6 | Propane - 95.6 | Propane - 81.8
1
£ASCOUS sample Ethane - 6.5 | Propylene - 2.5 | n-butane - 18.1
10
(mol%) Methane - 0.05 | N-butane - 1.8 | i-butane- 0.1
i-butane - 0.45 | i-butane - 0.1
N-butane - 0.1
Propylene - 0.23
LHV (MJ/kg) 46.36 46.4 46.31 46.2
Laminar 40.18 40.3 40.24 39.54
Flame Speed
(cm/s) at STP
Energy density | 3500 3503 3499 3488
(kJ/m3)
H:C ratio 2.67 2.68 2.65 2.63
Density(kg/m®) | 1.9 1.82 1.87 1.97
@14.696psi, 60F
Stoichiometric | 15.57 15.59 15.54 15.52

Air-Fuel ratio
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Table 4.2. The tested experimental conditions

Chemically Pure Propane

LPG Blend Engine Operating Conditions
EU Rep. p=1,

HD-5 IMAP = 101.3kPa*,

US Rep. Speed = 900RPM,

CAS50 ~ 9.5 deg ATDC = MBT,

Mixture Temperature = 60 deg C

Oil Temperature = 55 - 60 deg C

Coolant Temperature = 95 deg C

Compression ratio = 7:1, 8:1, 9:1 and 10:1

IMEP (kPa) @ baseline CR 8:1 = 800, 900, 1000, 1100

EGR (%) @ baseline CR 8:1 and 800kPa =0, 10, 15,

20, 30, 35

P'(0)~ [86 * (Pi_y — Piys) + 142 % (Pip3 — Pi_3) + -

+193 % (Piy2 — Pi_3) + 126 * (P41 — Pi_1)] / (1188 x AB)

Where:

(14)

P’(6) is the first derivative of the pressure with respect to the engine crank angle (CA)
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Pi+1 and P;.; are the succeeding and preceding pressure values respectively.

AQ is the engine CA step defined as 0.1CA in this work

This equation was applied three times to the pressure signal to achieve the third derivative. The
successive application of Eq. 14 amplifies signal noise; therefore, a low pass filter was used on the

second derivative before calculating the third derivative. This filter is given by Equation 15.

F(0)~[2* (Si—a + Siya) + 3% (Si—3 + Siy3) + 4% (Si—z + Siv2) + 5% (Siz1 + S;
+ Si+1)] /33
(15)
Where:

Si+1 and Si.1 are the succeeding and preceding terms of the second derivative.

In general, knocking pressure peaks have significantly larger third derivatives than non-knocking
pressure peaks and thus, the CA with the most negative third derivative corresponds to the KOCA

of'a cycle [78].
4.3 Results and Discussion
4.3.1 Combustion Characteristics

Key combustion metrics were calculated from the raw pressure data for each cycle and analyzed
to describe the combustion events for all blends over the range of CR, loads and EGR rates. Figures
4.2 and 4.3 show the cycle-averaged in-cylinder pressure for the tested CR and loads respectively,
with the cut-outs used for magnification. In Figure 4.2, normal combustion is observed for all
blends at CR 7:1 with little difference in peak pressure. As CR is increased, end gas auto-ignition

begins to occur more frequently and with greater intensity. This causes some variation in the peak
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pressure for the tested LPG blends, particularly at CR 10. As shown in Figure 4.2, the peak in-
cylinder pressures increased from ~3500kPa at CR 7:1 to ~5500kPa at CR 10:1 which agrees with
the documented effect of CR. However, the fuel composition effect accounts for a meagre 2.4%
difference between the peak of the HD-5 pressure trace and the peak of the chemically pure
propane pressure trace at CR 10:1. Figure 4.2 also shows that the peak pressure location moves
closer to TDC with increasing CR. This increases the work transfer to the piston and consequently,
efficiency. While the fuel composition also impacts the peak pressure location as shown in the
magnified portions of Figure 4.2, this effect is not very pronounced at each CR. This fuel
composition effect on in-cylinder pressure is likely due to the reactivity of the fuel components
(propylene in the HD-5 and n-butane in the EU Rep. blend). Similar trends were captured during
the load sweep and are illustrated in Figure 4.3 with the HD-5 and EU Rep. blends indicating

slightly higher peak in-cylinder pressures and LPP closer to TDC.

The AHRR is shown for all blends at the tested CR in Figure 4.4 and at the tested loads in Figure
4.5. With the increase of CR and load, the duration of heat release decreases and the magnitude
of the AHRR increases. A faster AHRR shortens the combustion duration, allowing combustion
phasing to be better optimized. For example, a higher CR results in a higher temperature at
ignition, which increases the flame speed and in turn combustion rate. Figure 4.4 shows that
there is no significant distinction between the AHRR of all blends at CR 7:1. However, with the
increase of CR, there is a noticeable difference in the heat release rates among the LPG blends
particularly at CR 10:1 (Figure 4.4d). The AHRR of the EU Rep. and the HD-5 blends are
noticeably higher than those of the US Rep. and chemically pure propane blends at this CR. The
presence of the more reactive n-butane in the EU Rep. blend and propylene in the HD-5 blend

[10] is responsible for these trends. Pure propane has the lowest AHRR among all blends. While
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the trends are similar to Figure 4.4 in terms of LPG blend order for the load sweep in Figure 4.5,
the magnitudes of the AHRR are much higher compared to the CR sweep AHRR. Also, on closer
inspection of Figures 4.4 and 4.5, there is a diminished reducing effect of increasing load on

duration of heat release compared to the CR case.
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Figure 4.2. In-cylinder pressure traces for all blends at CR (a). 7:1, (b). 8:1, (¢). 9:1 and (d). 10:1 for
engine operating conditions: 900RPM, ¢ = 1, CA50~9.5 deg ATDC and coolant temperature = 95 deg C.
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Figure 4.3. In-cylinder pressure traces for all blends at (a). 800kPa (b). 900kPa, (c). 1000kPa and (d).
1100kPa

EGR was introduced into the engine and swept from 0 to 35%, the in-cylinder pressure traces and
AHRR for all the LPG blends at 0 and 25% are presented in Figure 4.6. As has been discussed
earlier in this chapter, the blends demonstrated a meagre difference in terms of in-cylinder
pressures and AHRR at 0% EGR with the EU Rep. and HD-5 indicating slightly higher values in
Figure 4.6a. As EGR was introduced up until the 25% point in Figure 4.6b, the already slight
differences grew began to disappear as heat release durations grew longer and the rate of pressure

rise became gentler, albeit with similar peak AHRR and peak in-cylinder pressures to the 0% case.
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Figure 4.4. Apparent heat release rates (AHRR) for all blends at CR (a). 7:1, (b). 8:1, (¢). 9:1 and (d) 10:1

Figures 4.7a and 4.7b show the combustion duration for the CR sweep in terms of 10-90% and 0-
10% mass fraction burned (MFB) respectively while Figures 4.7¢ and 4.7d show the combustion

duration for the load sweep in terms of 0-10% and 10-90% MFB respectively. From the figures
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fuel composition plays a significant effect on engine combustion. Figure 4.7a and 4.7d shows that
the rapid-burning time (i.e., crank angle duration for 10-90% MFB) follows the order, chemically
pure propane > US Rep. > HD-5 > EU Rep., where chemically pure propane had the slowest burn
duration and EU representative blend exhibited the fastest burn. This trend is influenced by the
chemistry of the blends and combustion conditions. As earlier discussed, the more reactive
compounds such as n-butane and propylene play a key role in the faster combustion times.
Likewise, as CR is swept from 7:1 to 10:1, the 10-90% MFB duration reduces as flame propagation
is increased with higher temperatures. This trend was also noticed in Figure 4.7d as the load was
increased from 800kPa to 1100kPa, but to a lesser degree. The occurrence of end gas auto-ignition
at higher CR and loads also plays an important role in the faster burn. Flame development time or
ignition delay is generally defined as the crank angle duration from spark discharge to 10% MFB
for SI engines. In contrast to rapid burning times, flame development time is almost constant across
all blends at each CR and load (Figure 4.7b and 4.7¢). However, there is a downward trend for 0-
10% MFB duration with increasing CR exhibited in Figure 4.7b which is most likely governed by

increasing in-cylinder temperatures.

Combustion durations trends are also shown for the EGR sweep in Figure 4.8. As EGR amounts
are increased, the 0-10% and 10-90% MFB plots for all the blends almost exhibit a parabolic rise
in durations. This is as a consequence of increased dilution of the in-cylinder charge which reduces
in-cylinder temperatures, slows chemical reaction rate [31] and limits flame propagation causing
slower and slower burns and even misfires in the extreme. Generally, the order described earlier
for rapid-burn times (10-90% MFB) holds true, where chemically pure propane (slowest) > US
Rep. > HD-5 > EU Rep. (fastest). However, this order is lost as combustion starts to transition

from slow burn into partial burn and misfires at EGR rates greater than 25%.
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Figure 4.6. In-cylinder pressures and AHRR for all tested blends at (a) 0 and (b) 25%, EGR
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MFB duration for load sweep (d) 10-90% MFB duration for load sweep, for all blends on the CFR engine
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Finally, the combustion subsection concludes with some discussion on knock, knocking intensities
and knock occurrence location. In this work, a trace knock point Klimit ~ SkPa? was defined above
which audible incipient knock began on the engine. In Figure 4.9a and b, at CR 7:1, KI for all the
blends was below Kljimit and there was normal combustion. As CR was increased to 8:1, trace
amounts of knock were noticed, particularly with HD-5 and EU Rep. As the CR increased to 9:1,
the intensity of knock increased exponentially, and the fuel composition effect became more
pronounced. The US Rep. blend and chemically pure propane also began to knock along with the
other two blends. The ordering of the knock integral values among the blends was consistent with
the reactivity of the components in the blends where n-butane > propylene > propane > ethane.
Generally, increasing the length of the paraffin increases the knocking tendency of a hydrocarbon.
However, propylene is an exception to the general rule of olefins as it knocks more readily than its
corresponding paraffin, propane [10]. These effects coupled with the increased CR at 10:1 induced
heavy knock and showed the most significant difference in KI observed among the blends in this
work. The KI for the US Rep. and the chemically pure propane blends were considerably lower
than that of the EU Rep. blend at CR 10:1. Similar trends were observed as engine load was
increased from 800kPa to the engine limit at 1100kPa albeit with slightly reduced intensities and

with all blends exhibiting some level of trace-light knock at 800kPa.

As knock intensities were more pronounced over the CR sweep, further analyses were conducted
using Equation 14 and 15 to determine the relative location of knock occurrence between the
blends. Figure 4.10 indicates that knock is occurring later (in CAD) for the chemically pure
propane and then the US Rep. blend compared to the HD-5 and EU representative blends. The

differences between blends become more apparent as the CR and the intensity of knock increases.

79



175 = ; ; 175
a Eu Rep 3 3 b
(@ | ® D> i n (b) : ‘ ‘ ‘
150 A USRep | S — 150 S S -
Pure Propane ; ; ; 1 : :
‘ 1 | | | | u
| | | ® | | | |
~I125F oo oo — 125+ oo oo —
()] I I I I | | | |
< | | | | | i i i
> |
< A 1 1 1 1
100 s o= SR S oo
= 1 1 | | | | | |
= 5k oo oo . S oo oo b
§ | | | | | | A
< | | | | | | m |
M50 [t S o e S o — e
| | | | | | ® |
sl | | | sl | . |
R l
e g TRACEKNOCK | BN macekvock|
8 C Al4 L | L | L | 8 C | L | L | L |
7 8 9 10 800 900 1000 1100
Compression ratio IMEP (kPa)

Figure 4.9: Plots of Knock Integral for all blends over the tested (a) Compression ratio (b) IMEP

17 + | |
Q5| | | i
A 15 : :
; f f
o0 4 f
3 ! |
~ 13 | L] |
= 13 n ;
Q i i
@) :
N | |

11| ® EURep. v

® HD-5 g

A USRep.
0 Pure Propane | . |
8 9 10

Compression Ratio

Figure 4.10. Knock Occurrence Crank Angle (KOCA), for all blends over the range of applicable CR

80



EGR had been shown to mitigate knock in Chapter 3 and in the literature [10, 24, 31], so it was
considered for this study to determine if there were LPG composition effects on its mitigation
properties. Figure 4.11a demonstrates this mitigation effect as the engine was transitioned from
varying levels of trace-light knock for all the blends to non-knocking combustion by 10% EGR
rate. To properly demonstrate the mitigation potential, the compression ratio was increased to 9:1
shown in Figure 4.11b and consequently the engine transitioned into medium knock for all blends
with EU Rep. exhibiting the strongest knock intensities. Encouragingly, as EGR was introduced
up to the 20% mark, the US Rep and Pure Propane had transitioned into non-knocking combustion
while the HD-5 and EU Rep. were barely exhibiting trace knock which was then completely
dissipated by the 30% mark. This points to a potential for greater knock mitigation levels with
lesser knock resistant fuels like the EU Rep. and HD-5 blends. The KI began to trend upwards
again after the minimum at 30% believed to be as a result of the unstable combustion and misfire

at those extremely diluted high CR conditions.
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Figure 4.11. Knock intensity trends with increasing EGR rates for all blends at (a) 8:1 and (b) 9:1
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4.3.2 Emission Characteristics

Figures 4.12, 4.13, and 4.14 show several engine-out emissions normalized by brake power for all
the LPG blends over the CR, load and EGR sweeps. Several distinguishable trends are observed

related to the chemistry of the fuel and their varying compositions.

Figure 4.12a shows brake specific oxides of nitrogen (bsNOx) emissions for the LPG blends over
the tested CR range. From literature, NOx chemistry is governed primarily by the post combustion
local in-cylinder temperatures and its emission increases with increased peak temperature.
However, the expected increase in NOx due to higher peak temperature associated with increasing
CRis less obvious in Figure 4.12a. This is likely due to the normalization with brake power which
also increases with CR. In terms of LPG blend influence, the HD-5 blend produced the lowest
average bsNOx over the CR range while the US Rep. blend exhibited the highest averaged value.
Figure 4.12b shows the brake specific non-methane hydrocarbons (bsNMHC) over the range of
CR for all LPG blends. NMHC are an important class of regulated emission compounds for SI
LPG engines due to their reactivity on introduction to the atmosphere. The normalized NMHC
emissions increased with increasing CR, which is likely due to the crevice volume filling [10]. As
the CR increases, in-cylinder pressure also increases, which pushes more gases in the crevice
volume compared to those at lower CR. A small variation in NMHC across the LPG blends may
likely be linked to the presence of lower hydrocarbons relative to propane in the fuel composition.
For example, the US Rep. blend, with 6.5vol% of ethane and the slightly higher H:C ratio shown
in Table 4.1, had the lowest bsNMHC emission on average over the tested CR range. The combined
effect of CR and fuel composition was also visible at CR 10:1 where EU Rep., the blend with the
lowest H:C ratio, indicated the highest amount of normalized NMHC due to the significant

presence of higher alkanes relative to propane (18.1mol% n-Butane), along with the increased
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crevice volume filling effect. Conversely, the bsTHC and bsNOx presented in Figures 4.13a and
4.13brespectively did not indicate any significant sensitivity to engine load. A possible explanation
for the bsTHC trend may be that the increase in HC with engine load documented in the literature
[74] due to the increase in crevice volume filling with the now higher in-cylinder pressures was
balanced by a higher oxidation rate of this crevice HC on reintroduction into the cylinder at the
higher temperatures associated with the higher loads [79]. In terms of NOx however, the HD-5
blend still produced the lowest average bsNOx over the load range as was observed for the CR

sweep in Figure 4.12a.
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Figure 4.12. Brake specific engine out emissions: (a) NOx, (b) non-methane hydrocarbons (NMHC), for
all LPG blends over the CR range at engine operating conditions: 900RPM, ¢ = 1, CAS0~MBT.
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In Figure 4.14a, the bsNOx and bsTHC values are plotted as EGR was swept for all blends at CR
8:1 and 800kPa IMEP. The introduction of EGR had a mitigating effect on NOx and no
demonstrable effect on THC up until an inflection point as previously identified in Chapter 3.
Between 25 and 30% EGR rates, bsTHC indicated a sharp rise due to incomplete combustion
caused by partial burn and misfire while bsNOx continued to trend downwards creating a trade-
off scenario where even lower NOx emissions could be achieved, but at the expense of HC
emissions. Among the blends, the bsTHC emissions were not too dissimilar, however, there was a
blend effect on the bsNOx emissions with US Rep. producing the least NOx emissions at almost
all conditions. Finally, the bsCO2eq emissions introduced in section 3.3.2 are presented in Figure
4.14b for all the LPG blends over the tested EGR range. There was some blend effect on these

GHG emissions as EU Rep. which had the lowest H:C ratio as a result of its significant higher-

84



alkane composition (shown in Table 4.1) generated the highest bsCO2eq emissions at every EGR
rate. Conversely, the US Rep. blend which had the highest H:C ratio of 2.68 generated the lowest
bsCO2eq emissions at all EGR rates except at 30% EGR which was a highly unstable engine
operation condition. At non-EGR conditions (0% EGR) there was a much as a 4% difference in

the GHG emissions between the EU Rep. and US Rep. blends.
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Figure 4.14: Variation of (a) bsNOx and THC (b) bsCO»eq, at CR 8:1, IMEP 800kPa and for all blends,
for the range of tested EGR rates.
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4.3.3 Performance Characteristics

Figure 4.15 shows the brake power over the range of compression ratios and engine loads for the
tested LPG blends. As shown, the differences in brake power between the blends are minimal
especially for the load sweep in 4.15b. A similar trend was observed for both load and CR
variations in a previous study that considered only propane and n-butane in the LPG fuel
compositions [9]. In 4.15a, the differences are slightly more pronounced with the HD-5 and EU
Rep. (at CR 7:1) producing marginally higher brake powers at all CR. As expected, brake power

increased with compression ratio and load while the latter demonstrated a steeper rise in brake

power over the tested range compared to compression ratio.
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Figure 4.16a and 4.16b show the brake thermal efficiency (BTE) for all tested LPG blends for the
CR and load variations. Despite the stronger effect of load on brake power discussed earlier, both
engine parameters (CR and load) had approximately equal effects on BTE. The BTE increased
with increasing CR from an average of ~20.2% at CR 7:1 to ~22.3% at CR 10:1, which was likely
due to improved cycle efficiency and reduced burn duration at higher CR illustrated in section
4.3.1. For the load sweep, BTE was increased from an average of ~22.1% at 800kPa to 24.4% at
1100kPa for all blends. This increasing BTE trend with increasing load was as a result of higher
fuel quantity required to maintain stoichiometric conditions at the higher intake manifold
pressures, in agreement with results shown by Kumar et al. [79]. Similar to the brake power, fuel
composition exhibited a minimal effect on BTE for a given load and demonstrated a more
recognizable yet still minimal effect on BTE for a given compression ratio. The brake power and
BTE trend can be attributed to the combined effect of a fuel’s energy density and flame speed at a
given engine operating condition. The laminar flame speeds (LFS) of the blends were calculated
using the NUIG 1.1 high temperature mechanism in CHEMKIN [80] at standard temperature and
pressure. The energy density was calculated using the blend properties in Table 4.1 and the
measured fuel mass during stoichiometric engine operation at CR 7:1. Despite the difference in
the composition of LPG blends, there was no distinct difference in the calculated laminar flame
speed and energy density values among the LPG blends (as presented earlier in Table 4.1). This is

likely responsible for the similar fuel efficiency trends shown in Figure 4.16.

Finally, the BTE and COV of peak pressure for all the blends at CR 8:1 and 800kPa engine load
are presented in Figure 4.17. Firstly, the EGR limit is defined as the EGR% at a threshold COV peax
pressure Of 10%. All the tested blends indicated similar trends and demonstrated an EGR limit

between 26 and 27%. After this point combustion became unstable and misfire was more likely to
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happen as the mixture became too diluted and heat release and combustion durations, discussed in
section 4.3.1, became longer to the detriment of engine stability and efficiency. This engine
instability possibly explains the spike in bsTHC shown in Figure 4.14a earlier. Secondly, the BTE
values are also plotted in Figure 4.17. As EGR was introduced, the blend efficiencies started to
converge, which indicated that there was also no significant fuel composition effect on
performance with EGR. Maximum efficiencies were observed for all blends between 20 and 25%
EGR rate with the HD-5 and US Rep. blends both achieving an overall maximum BTE of 23.2%
among all the blends. Thirdly, all the tested LPG blends experienced a sharp drop in BTE beyond
30% EGR as a sizeable portion of the charge was not being combusted in the cylinder as shown in
the bsTHC values in Figure 4.14a. In conclusion, these EGR results indicate that there is a window
before and after the determined EGR limit where engine operation may be most beneficial in terms
of BTE, but considering the bsTHC-bsNOx emissions trade-off, knock mitigation requirements

and hardware limitations, an optimal EGR rate may exist just before this EGR limit.
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Figure 4.16. BTE for all LPG blends over the range of tested (a) CR (b) Engine loads
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4.4 Conclusions

This chapter concludes experiments conducted on the single cylinder CFR engine. The
experiments involved varying key engine parameters such as the compression ratio, engine load

and EGR for representative LPG blends. The experimental results showed that:

The BTE of the CFR engine increased as CR, load, and EGR was increased, with minimal
difference between the BTE of the blends at any given CR, load, and EGR rate. However, there
were notable fuel composition effects on brake specific emissions. The HD-5 blend exhibited the
lowest amounts of brake specific NOx emissions while the US Rep. blend had the lowest average
brake specific emissions for bsNMHC averaged over the CR range. The HD-5 blend also produced
the lowest average bsNOx over the load range. With EGR, the US Rep. blend generated the lowest
GHG emissions in terms of bsCO2eq amongst the blends, achieving a 4% relatively lower bsCOzeq

value than the EU Rep. blend at 0% EGR.

The most visible fuel composition effect was observed in their combustion characteristics. In-

cylinder pressure and AHRR were similar across blends at CR 7:1. As CR and load were increased,
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observed peak pressure and AHRR trends for the tested LPG blends were: Pgu rep > Pup-5s> Pus rep
> Ppure propane and AHRREU rep > AHRRpup-5 > AHRRUS rep > AHRR pure propane, respectively. The rapid
burn combustion duration showed the same trend as Ogu rep > O1p-5> OUS rep > Opure propane 1n order of
increasing duration. Flame development time remained roughly constant for all blends while
increasing the CR and load reduced the rapid burn time for all blends. The described order for
rapid-burn times (10-90% MFB) was observed with EGR same as with CR and load, however, as
EGR rates were increased beyond 25% and as combustion quality degraded from partial burn to

misfires, this order was lost.

The order of reactivity for the tested LPG blends as a result of their variable composition was
found to be EU Rep. > HD-5 > US Rep. > Pure Propane. The EU Rep. and HD-5 blends showed
knock propensities much higher than the US Rep. and chemically pure propane, which was further
increased at higher CR and loads. For resistance to knock, the results indicated the trend as Pure
Propane > US Rep. > HD-5 > EU Rep. As a result of their lesser resistance to knock, the EU Rep
and HD-5 blends demonstrated higher need for EGR knock mitigation at CR 9:1 and EGR was
shown to adequately transition the engine operation on these two fuels from medium knock to

incipient knock to non-knocking combustion within their EGR limits.

The findings suggest that variable blend composition is not a significant determinant of engine
performance. The results showed that perhaps the most critical consideration when considering
LPG blend composition would likely be the varying levels of knock intensity and how to design
controls to accommodate this effect. This minimal effect of blend composition on performance
informed the selection of the liquid LPG source for the remainder of the research work on the

heavy-duty engine. This chapter provides some clarity on research questions 1 and 4.
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CHAPTER 5. EXPERIMENTAL INVESTIGATION OF THE COMBUSTION, EMISSIONS,
AND PERFORMANCE CHARACTERISTICS OF A HEAVY-DUTY LPG ENGINE USING
DIRECT AND PORT-FUEL INJECTION STRATEGIES’

5.1 Overview

The preceding two chapters have focused on developing an understanding of the combustion,
emissions and performance of LPG in response to certain important variables including
compression ratio, fuel composition, EGR, and the CIM. The results from these chapters were
employed in developing and validating computational models while operating the engine with to
load, knock and EGR limits provided an appreciation for the possible constraints and limits that
would be encountered in designing the required hardware for the next phase of the research. The
next phase of the research was conducted on the heavy-duty engine which was run at 1200RPM
for the best torque performance. This chapter is focused on the set-up and initial operation of the
heavy-duty Cummins X15 engine on LPG using the designed fuel delivery systems discussed in

section 2.3.

The literature highlights the popularity of engine studies conducted with manifold or port injected
LPG in light and medium duty applications, due in part to their simplicity and mixing benefits [35,
37, 38, 81, 82] with obvious gaps however in heavy-duty studies. Similarly, the direct injection of
LPG, especially in the liquid phase, represents huge potential and evokes a different set of

challenges but has been studied but to an even lesser degree, especially in heavy-duty applications.

5 Chapter 5 extracted from a manuscript submitted for journal publication and a published manuscript

- Fosudo, T., Windom B., Olsen D. Experimental Evaluation of Direct and Port-Fuel Injection Strategies on a
Heavy-Duty LPG Engine. 2024.

[60] Fosudo, T., Kar, T., Windom, B., Schlagel, J. et al. (2023). Performance, Combustion and Emissions Evaluation
of Liquid Phase Port-Injected LPG on a Single Cylinder Heavy-Duty Spark Ignited Engine. SAE Technical Paper
2023-01-0245.

doi:10.4271/2023-01- 0245
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For example, the direct injection of LPG presents strategic advantages especially in terms of
reducing short-circuiting losses, increasing volumetric efficiency [83] and atomization mixing, and
more research is needed into its application and hardware design for heavy-duty engines. This
chapter is based on a research article that addresses that need and presents the operation of a heavy-

duty LPG engine on liquid PFI and DI.

This experimental study begins with the use of an off-the-shelf port fuel injector currently in use
on an LPG engine on the market, the Roush Cleantech Ford 6.8L.-V 10, then, it describes the engine
operation with a Delphi gasoline direct injector modified for use on this heavy-duty platform [56].
The influence of injection strategy at different start of injection timings, equivalence ratios,
combustion phasing, and engine load conditions were studied. The chapter presents the
combustion, emissions and performance characteristics for the different engine and injection
configurations. The results indicated consistent liquid LPG injection with the designed fueling
system, excellent control of the air-fuel ratio and the combustion in the engine, an optimal
combustion phasing for engine operation on liquid LPG, and the potential for increasing the brake

thermal efficiency while reducing fuel consumption and emissions.

The chapter is extracted from a journal article submitted to the SAE Journal of Engines and a
technical conference proceeding [60] presented at the SAE World Congress Experience (WCX)
and begins with a quick overview. A brief section on the experimental methods and test matrices
particular to the chapter follows, before a discussion of the results and a short conclusion brings

the chapter to an end.
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5.2 Experimental Methods

The key components used for this study were the single cylinder heavy-duty research engine,
injectors, and baseline 9.3:1 piston described in detail in Section 2.2 and the LPG fuel delivery
systems described in Section 2.3. The preliminary set of tests for this study was the baseline
evaluation which commenced with the start of injection (SOI) tests. These tests were done to
evaluate the effect of closed (after IVC) and open valve (after IVO) port injection on performance,
emissions, and combustion, and to select the optimal SOI for the rest of the baseline study.
Afterwards, a spark timing sweep was carried out to establish the optimal combustion phasing,
described as the MBT. Then, IMAP was increased from the naturally aspirated condition until a
knock-limited load was achieved. Finally, the effect of equivalence ratio was explored from lean
to rich engine operation regimes. The relative valve open and close locations and how they interact
with the SOI tests are shown in Figure 5.1. It must be pointed out that the PFI configuration in this
chapter was slightly upstream of the intake ports and an optimized PFI system with dual-injection
and valve targeting shown also in Section 2.2.3 was designed to improve the port injection strategy

for the final phase of this research.

The baseline study was built upon by running experiments with direct injected liquid LPG on the
heavy-duty platform using the modified Delphi GDI. Liquid LPG was injected at 170bar, and the
results compared with the PFI case (~16bar). Like the baseline evaluation, an SOI sweep was
performed. Initial observations indicated that early SOI at 360 deg BTDC (EVC was 362 deg
bTDC) and late SOI at 150 deg bTDC (IVC was 155 deg bTDC) could offer some insight into the
competing effects of maximized mixing time without short-circuiting of fuel and maximized
charge mass in the cylinder respectively. So, following the SOI tests an ignition timing sweep was

done to determine the MBT in DI mode at both representative SOIs. A load sweep was then
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conducted with CAS50 held constant at 9 deg aTDC similar to the PFI case. Finally, equivalence

ratio was swept on the heavy-duty spark ignited engine platform at both representative SOls.
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Figure 5.1. Representative in-cylinder pressure trace showing valve closing and opening locations

Considering the conclusions from Chapter 4 on the meagre effect of the LPG fuel composition on

engine performance, LPG tanks were filled at a local gas station daily before the tests in this study

and the composition of the fuel was measured using a gas chromatograph during engine operation.

The composition was very constant across the test days and the average composition, and the fuel

properties are shown in Table 5.1. The tested experimental conditions are also presented in Table

5.2.
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Table 5.1. The LPG fuel properties

Composition (%ovol)

Propane 98.473
Ethane 0.95
I-butane 0.49
N-butane 0.07
Propylene 0.01
Nitrogen 0.007
Properties

LHV (MJ/kg) 46.36
H:C ratio 2.67
Stoichiometric AFR 15.57
Density (kg/m3) 493

5.3 Results and Discussion

5.3.1 Performance Characteristics

The BTE and COVimep for the SOI tests are shown in Figure 5.2 below. First, we take a look at
the COV for the baseline PFI case. The limit of COVimep was determined in this research to be
3%, below which combustion and engine operation can be said to be stable. All tested start of
injection timings in the baseline evaluation were below this COV limit, indicating that PFI
operation was insensitive to start of injection in terms of engine stability. This was likely a result
of rapid atomization of the LPG causing sufficient mixing with the air entering the combustion
chamber at both open and close valve timings. Similar results were shown by Lee et al. [84] for
stoichiometric conditions. This behavior with SOI for the baseline PFI configuration was carried

on to the BTE results as the thermal efficiencies were similar across all SOI timings. The reverse
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was the case however for the DI configuration as there was a distinct relationship between the SOI
and both the BTE and the COVimep. The engine was most stable and most efficient at the earliest
SOI timing, 360 deg bTDC, believed to be a result of the maximized mixing time which promoted
homogeneity of the charge in the combustion chamber and aided combustion completeness. Other
research works have found this relationship with mixing and engine stability and efficiency to hold

true with DI LPG [85].

Table 5.2. The test matrix

Operating Compression | Start of Injection Ignition Phi IMAP

Conditions Ratio (deg bTDC) Timing (kPa)
(deg bTDC)

Port-Fuel Injection at ~1.6MPa

Start of Injection 120, 150, 330, 360 14%* 1

Ignition Timing 6-24 100

Equivalence Ratio 9.3 120 MBT** 0.83-1.25

IMAP 1 100 - 140

Direct Injection at ~17.2MPa

Start of Injection 120, 150, 330, 360 MBT 1

Ignition Timing 150 (Late DI) 6 — 24%** 100

Equivalence Ratio | 93 MBT 0.83 - 1.25

IMAP 360 (Early DI) 1 100 - 140

*A spark timing of 14 deg bTDC was set for the baseline PFI test corresponding to a CA50 of 11 deg
aTDC, **An average representative CA50 ~9.5deg aTDC was determined for the rest of the engine tests

for uniformity, ***The Late DI ignition timing tests were conducted from 6 — 20 deg bTDC.
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However, Figure 5.2 suggests that there is more than maximized mixing time to enabling engine
stability as the really retarded SOI timing, 150 deg bTDC, demonstrated stable engine operation
while a much earlier SOI timing 330 deg bTDC and the most retarded SOI timing were highly
unstable engine conditions. A possible explanation is that in-cylinder motion like tumble, spray
pattern, valve and piston position also play important roles in determining local equivalence ratio
conditions especially around the spark plug at spark which can promote, or hinder engine stability
as seen in numerical studies [45 — 47, 86]. Still, despite the fluctuation in COV with SOI, the BTE
trend was steadier, decreasing with retarded SOI timings. This likely meant that mixing time and
charge homogeneity were the most significant determinants of engine efficiency. Overall, these
results imply that optimizing the start or end of injection is a critical step in DI operation with
LPG. Given these initial results, SOI timings 150 deg bTDC and 360 deg bTDC were then selected
in DI mode for the rest of this study to provide insight into the competing effects of maximized
mixing time without short-circuiting of fuel (360 deg bTDC — after EVC) and maximized charge
mass in the cylinder (150 deg bTDC — after IVC). For the rest of the baseline PFI evaluation, 120
deg bTDC was selected as the SOI timing based off slight overall advantages in terms of emissions,

combustion, and performance.

Next, the maximum brake torque timing (MBT) defined as the ideal combustion phasing where
the work done by the combusting gas is minimized during compression and maximized during the
expansion stroke was determined by sweeping the spark timing from a retarded timing of 6 deg
bTDC to more advanced timings for both the DI and PFI configurations. Brake torque, shown in
Figure 5.3, was influenced by advancing the spark timing until this MBT was achieved at spark
timing 16 deg bTDC corresponding to a CA50 of 9 deg aTDC for the PFI configuration. At this

operating condition, the BTE was found to be 34%. This BTE was then designated as the baseline
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efficiency of the heavy-duty LPG engine for reference purposes. Polynomial curves were fitted to
the individual points in Figure 5.3 and while the actual spark timings differed, the MBT in terms
of CAS50 for all configurations was found to consistently be between ~6.5 and ~8.5 deg aTDC on
the curves. Previous studies by Sierens [87] determined this optimal combustion phasing to be
between 7 and 8 deg aTDC, while Heywood [10] indicated that this value is typically at about 10
deg aTDC. An average representative CA50 of ~9.5 deg aTDC was selected for uniformity for the
rest of the tests. Comparing the injection strategies, the early DI strategy generated the most torque
on the engine, followed by the PFI while the late DI strategy performed the worst. At naturally
aspirated conditions and 1200RPM, the early DI strategy improved brake torque over the baseline
by around 3%, producing 187Nm. These results show that while PFI may present superior mixing
conditions, the potential benefits of DI including charge cooling, prevention of short-circuiting,
increased volumetric efficiency added to the maximized mixing time at the early SOI timing

combine to make DI a more superior strategy in this engine configuration.

Following this, equivalence ratio was swept on the engine for all three injection configurations and
the BTE presented in Figure 5.4. Once again, the early DI strategy dominated the performance
across all tested equivalence ratios, responsible for an engine high BTE of 37% with the current
piston and LPG fueling, a 3% absolute increment on the baseline BTE. The order was once again
Early DI > Baseline PFI > Late DI, indicating that the early DI benefits mentioned earlier possibly
dominate even at lean and rich conditions. For all configurations, the lean conditions were more
efficient than the rich operation. This increased efficiency accounted for a ~22% relative
improvement in BTE for the PFI, and a ~15% and ~24% relative BTE improvement between the
leanest (¢ = 0.83) and richest (¢ = 1.25) operating conditions for the late and early DI strategies

respectively. Several studies have also observed this trend of increasing efficiency with reducing
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equivalence ratio [10, 36, 40]. The BTE at lean conditions is higher due to the combustion products
being at lower temperatures causing lower heat transfer and therefore, more expansion work to be
extracted by the piston, while at the rich conditions the combustion inefficiencies from an overly

rich mixture dominate [10] and this severely diminishes the BTE at these conditions.
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Figure 5.2. BTE (%) and COVimep (%) for the PFI and DI configurations as a function of SOI

Finally, the performance metrics for the engine load sweep are presented in Figure 5.4 for the three
engine configurations. With the CA50 kept constant at around MBT, the IMAP was increased from
naturally aspirated conditions and the brake torque increased accordingly: a result of the increasing
fuel and air quantity in the combustion chamber. The IMAP was swept up to 140kPa, the point at
which the engine had begun to experience at least incipient knock in all three configurations. The

plots illustrate once again the superiority of the early DI strategy at all tested loads. The early DI
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configuration produced an engine high brake torque in this baseline piston configuration of

258Nm, a 7% improvement in torque over the late DI configuration at the same condition.
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Figure 5.3. Demonstration of maximum brake torque timing vs CA50 for the three tested configurations
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5.3.2 Combustion Characteristics

The in-cylinder pressure traces and AHRR curves for the PFI and DI configuration as SOI was
varied on the engine are plotted in Figure 5.6. For the baseline PFI evaluation, the curves are more
closely packed, especially the AHRR curves, indicating that the effect of SOI was minimal on the
engine pressure history. Conversely, in DI configuration a substantial effect of SOI was observed
on the in-cylinder pressure trace and AHRR curves. The earliest SOI, 360 deg bTDC exhibited the
highest peak in-cylinder pressure followed closely by a late SOI, 150 deg bTDC. Interestingly,
retarding the SOI by just 30 degrees from both points resulted in significant reductions in in-
cylinder peak pressures and AHRR. For example, despite being an early injection time SOI 330
deg bTDC indicated the lowest pressures and heat release rates among the tested SOI on the engine.

SOI 150 deg bTDC indicated the shortest heat release duration and largest peak believed to be a
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consequence of the maximized charge mass in the cylinder as all the charge air is inducted into the

cylinder and the intake valves closed before fuel injection begins.
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Figure 5.6. The in-cylinder pressure (kPa) and AHRR (kJ/deg) for the baseline PFI and DI SOI sweep

Next, the combustion metrics for the ignition timing sweep were compared for all three
configurations in terms of knock intensity measured by the knock ripple sum (KRS) described in
Section 2.5.1 and COVimep. The KRS threshold, above which the engine experienced incipient
knock was determined to be 4.2%, while the COVimep limit for engine stability was 3% as
previously discussed in Section 5.3.1. Figure 5.7a indicates that the engine did not experience any
knock at all tested ignition timings using the early DI strategy. This was most likely due to the
charge cooling as the liquid LPG has a high tendency to flash boil after injection [84, 88, 89]
absorbing latent heat from its surroundings. Another possible reason was the improved

homogeneity of the mixture in the combustion chamber due to the maximal mixing time which
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promotes a more uniform combustion thus preventing end-gas auto-ignition initiated by rich
pockets of charge. The PFI KRS trends were similar to the early DI trends most likely due to the
charge homogeneity. Intuitively, the late DI mode was expected to improve this charge cooling
phenomenon due to reduced residence time of the charge before combustion, however, mixing
preparation times were also reduced believed to result in pockets of high local equivalence ratio
mixtures in the cylinder which was then believed to promote end-gas autoignition and knock
shown in Figure 5.7a. Computational studies by Churchill et al. [90] on the heavy-duty engine
show the tendency for rich pockets of end-gas to form for late DI SOI timings. Similar trends to
the KRS ones were also observed in terms of COVimep in Figure 5.7b where the early DI and
baseline PFI tracked each other as COVimep increased with retarded ignition timings. Kim et al.
[85] demonstrated this relationship of COVimep with ignition timing in their work on an LPG
engine [85]. The COVimep for the late DI mode exhibited a less predictable relationship with
ignition timing and crossed the COVimep limit at a much more advanced CA50 compared to the

baseline PFI and early DI modes.

The in-cylinder pressure traces and AHRR curves for the most efficient (leanest, ¢ = 0.83) tested
conditions are presented for each injection strategy in Figure 5.8. The notable details were that the
late DI mode exhibited the shortest heat release duration and largest peak rate of heat release due
to its maximized charge mass amount in the cylinder whilst the early DI mode produced the largest
peak in-cylinder pressures. The early DI strategy increased peak pressures by 5% and 6%,
respectively, compared to the late DI and baseline PFI configuration. A final key take-away from
the equivalence ratio sweep on the heavy-duty engine was that the early DI strategy was the only

configuration with stable engine operation (denoted by COVimep < 3%) at the leanest tested
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condition, ¢ = 0.83, indicating the potential for further extension of the lean limit with LPG using

early DI strategies compared to the other two modes.
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Figure 5.7. Combustion metrics in terms of (a) Knock ripple sum (%) (b) COVimep (%), vs CA50 (deg
aTDC) for the ignition timing sweep on the engine

The subsection on combustion characteristics concludes with the knock trends for all three
configurations as IMAP was varied. As depicted in Figure 5.9, the early DI strategy demonstrated
the most resistance to knock due to a combination of the charge cooling effect discussed earlier

which reduces the in-cylinder charge and combustion temperature as well as the end-gas
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temperature, and the well-mixed fuel and air mixture as a result of the increased mixing time

promoting a uniform combustion in the engine. The PFI strategy followed closely for the same

reasons, demonstrating incipient knock at the same IMAP (but lower engine BMEP) as the early

DI case. On the other hand, the late DI strategy indicated a more rapid transition into knock despite

the improved charge cooling tendencies of the DI spray especially at retarded SOI timings. A

possible explanation is that as fuel and air quantities increase at higher loads, the reduced mixture

preparation time associated with the late DI configuration gets even more inadequate, worsening

the stratification of the charge in the combustion chamber. This potentially increases the

occurrence of rich pockets of end-gas ready to auto-ignite.
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5.3.3 Emission Characteristics

The emission in terms of bsNOx, bsTHC, and bsCO for the SOI and ignition timing sweeps on the
heavy-duty LPG engine are captured in Figure 5.10. The bsNOx shown in Figure 5.10a,
demonstrates the charge cooling advantage of DI over the PFI strategy as discussed in section
5.3.2. NOx formation is governed by peak in-cylinder temperatures and available oxygen
concentration [10, 91]. Therefore, as the experiments were conducted at the same average
equivalence ratios, the charge cooling effect of the direct injected LPG was likely to be the
dominant factor in mitigating the engine NOx since it effectively lowers combustion and in-
cylinder temperatures. The late DI strategies had the advantage here, achieving over 33% reduction
in bsNOx at SOI 150 deg bTDC when compared to the PFI configuration which had similar bsNOx

outputs at all tested SOI timings.
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In terms of bsTHC shown in Figure 5.10b, however, the PFI mode had the upper hand with around
1g/kW-hr of bsTHC at all close and open SOI timings. McGee et al. [92] showed not too dissimilar
results in their close and open valve comparisons with port targeting, at similar temperatures
(90°C) and lower intake pressure [92]. For the DI modes, the SOI 360 and 150 deg bTDC recorded
similar bsTHC values to the PFI configuration. Generally, HC emissions are from trapped crevice
volume gas and incomplete combustion, thus the COVimep shown in Figure 5.2 and discussed in
section 5.3.1 provides some explanation for these bsTHC behaviors. At conditions where the
COVimep was below the 3% limit and combustion was stable, the bsTHC values were similar
across configurations, however, at 120 and 330 deg bTDC SOI timings which displayed unstable
combustion, the bsTHC values were at least doubled, to even as much as 2.7g/kW-hr, due to the
resulting partial burns and misfire. In Figure 5.10c, the PFI mode again exhibited an insensitivity
of brake specific emissions to SOI with the bsCO emissions remaining approximately equal as a
result of the properly mixed charge at all SOI timings. CO emissions are affected mostly by
equivalence ratios and combustion completeness, and this effect can be seen clearly with the DI
mode. As SOI was retarded, mixture preparation time is reduced, and charge stratification becomes
more likely [93]. This effect was noticeable as bsCO emissions increased by over 50% from

21.2g/kW-hr at 360 deg bTDC to 32.3g/kW-hr at 150 deg bTDC.

In Figure 5.10d, the charge cooling advantage of the late DI strategy is further demonstrated as the
bsNOx emissions are presented for the ignition timing sweep. The plot demonstrates an increasing
relationship of bsNOx with advanced ignition timings [81, 87]. This was due to increased in-
cylinder temperatures as ignition timing was advanced and combustion moved towards TDC,
increasing pressures and temperatures. However, the biggest difference was observed at the most

retarded ignition timing where the late DI strategy generated 12.2g/kW-hr of bsNOx, 39% lower
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than the bsNOx for the PFI mode at the same condition. Advancing the ignition timing was also
observed to increase bsTHC in Figure 5.10e, possibly due to higher in-cylinder pressures forcing
more of the charge into the crevice volumes whilst also allowing shorter time for the fuel
vaporization and mixture preparation [85]. Retarded timings also produce higher late-cycle in-
cylinder temperatures which aids the oxidation of the reintroduced fuel-air mixture. Previous
studies have also observed this trend for PFI [81] and DI [85]. Finally, the bsCO emissions for the
ignition timing sweep are presented in Figure 5.10f. The standout trends are that the bsCO
emissions for both DI modes increased with advanced ignition timing while the PFI bsCO
remained fairly stable across all tested ignition timings and that the late DI mode produced
significantly higher bsCO emissions than any other configuration. The late DI mode produced
35g/kW-hr of bsCO emissions at ignition timing 20 deg bTDC, the highest produced during the
ignition timing experiments, which was 55% higher than the lowest bsCO achieved during the
experiments with the PFI strategy. Kim et al. [85] also showed this increasing effect of spark

advance on DI bsCO emissions in their studies [85].

Finally, the chapter concludes with a discussion on the emissions characteristics of the three
injection configurations as equivalence ratio and IMAP were varied. The bsNOx was shown in
Figure 5.11a to increase with decreasing equivalence ratio. This trend can be described by the
competing effects of available oxygen and in-cylinder temperatures. At rich conditions, there is
not enough available oxygen for the formation of NOx despite the high in-cylinder temperatures,
hence the lower values of bsNOx made lower still by the normalization with larger brake power
numbers. At the lean conditions temperatures are low enough to discourage NOx formation but
the available oxygen from the abundant air encourages the formation of NOx. For the PFI strategy

the bsNOx peaked at ¢ = 0.91 and began to drop at 0.83, in this regard the reduced in-cylinder
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temperatures had now begun to dominate the NOx chemistry. This almost bell shape relationship
with reducing equivalence ratio can be found in the literature [36, 84, 94]. For the DI
configurations, similar trends were observed however the theoretical point at which the NOx peaks
and begins to reduce was not captured within the experimental conditions. The full trend was
captured by Ho Choi et al. [95] in their DI experiments on a heavy-duty engine showing the DI
NOx peak at around ¢ = 0.83. The PFI mode demonstrated an advantage over the DI modes with
lower bsNOx at the rich conditions, however, the late DI strategy described an even more

significant reduction in bsNOx at stoichiometric and lean conditions.
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Next, the bsTHC emissions are presented in Figure 5.11b. There was a slight drop in these
emissions as equivalence ratio increased from ¢ = 0.83 due to combustion becoming more stable
and complete, and then a significant rise at richer conditions. Other researchers have described the
same results in their experiments, with bsTHC reducing as equivalence ratio was increased to
stoichiometric conditions and then increasing again with further increase in equivalence ratios [36,
94]. On average, the bsTHC values were in the order late DI > early DI > baseline PFI. A possible
explanation for this trend is that the PFI with its superior mixture preparation time experienced a
more uniform combustion (COVimep of 0.8 at ¢ = 1.25) with the higher fuel quantity required at
rich conditions causing only a modest increase in the bsTHC emissions from 0.82g/kW-hr at ¢ =
0.83 to 1.9g/kW-hr ¢ = 1.25. At the extreme, the late DI mode indicated relatively poorer
combustion stability (COVimep of 1.8 at ¢ = 1.25) and possibly experienced a more substantial
crevice volume filling effect due to the higher fuel quantity required at the rich condition ¢ = 1.25
causing an increase in bsTHC emissions from 1.94g/kW-hr at ¢ = 0.83 to 5.11g/kW-hr ¢ = 1.25.
In Figure 5.11c, the bsCO trends for the three injection modes are shown as a function of
equivalence ratios. At rich conditions, there is insufficient oxygen for complete oxidation and as
such the bsCO was exponentially higher compared to the really low values at lean conditions where
a 99% and 98% reduction in bsCO was recorded for the PFI and the early DI strategies respectively.
Similar trends have been recorded in the literature [10, 36, 40, 94, 95]. The late DI indicated
significantly higher bsCO emissions than the early DI and PFI modes at lean to stoichiometric

conditions.

To conclude this section, the brake specific emissions as IMAP was varied are presented in Figure
5.11d to 5.11f. In Figure 5.11d, the bsNOx emissions for the PFI and early DI modes remain fairly

consistent across the load sweep, however, the late DI bsNOx demonstrated an increasing trend
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with IMAP. This was believed to be a consequence of the increasing intensity of end-gas auto-
ignition with IMAP shown earlier in Figure 5.9 causing an increase in in-cylinder temperatures
thus aiding the formation of NOx. Despite this trend, the late DI configuration maintained the
lowest bsNOx values over the entire IMAP sweep as a result of its superior charge cooling effect
as the LPG spray immediately vaporizes and collapses upon entering the combustion chamber

reducing the in-cylinder temperatures and causing a reduction in the NOx generated.

The bsTHC in Figure 5.11e decreased for the modes with adequate mixing (baseline PFI and early
DI), as the load was increased, from 0.91g/kW-hr to 0.63g/kW-hr for the baseline PFI and from
0.56g/kW-hr to 0.31g/kW-hr for the early DI mode. This bsTHC relationship with load has been
observed in previous studies [37, 94, 96]. Although, the crevice volume filling is expected to have
a more pronounced effect on the bsTHC at the increased in-cylinder pressures for higher engine
loads, it is more likely that the competing effects of a more superior, complete combustion due to
higher in-cylinder temperatures [96] and the normalization with larger brake powers at the higher
intake pressures combine to drive the bsTHC trend downwards. The reverse relationship was the
case for the late DI mode as bsTHC increased with intake pressure on the engine. The COVimep
was found to be greater than 3% for this configuration as intake pressure was increased to 110kPa
and beyond and this unstable combustion was likely responsible for the uptick in bsTHC
emissions. Still, the absence of short-circuited fuel in the DI strategies likely played a key role in
achieving lower bsTHC emissions than the PFI mode. The bsCO emissions for the DI
configurations in Figure 5.11f trended downwards with increasing intake pressure as described by
Woo et al. [94], while the baseline PFI bsCO emissions did not describe any distinctive pattern

with intake pressures. Singh et al. [96] suggests that the higher combustion temperatures resulting
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from the increased injected fuel amount per cycle at higher loads enables a more homogeneous in-

cylinder charge burn, causing a reduction in CO emissions [96].
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Figure 5.11. Brake specific emissions in g/kW-hr in terms of (a) NOx (b) THC (c¢) CO vs Equivalence
ratio and (d) NOx (e) THC (f) CO vs IMAP (kPa) for all tested injection configurations

5.4  Conclusions

This chapter presented the baseline evaluation of the performance, combustion, and emissions
characteristics of a heavy-duty LPG engine using port-fuel injection so as to establish a benchmark
comparable to existing LPG engines. Then, a Delphi GDI with nozzle number, size, and pattern

modified for high flow LPG operation on this engine was installed and the engine operated in DI
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mode. Three injection strategies namely, baseline PFI, early DI, and late DI were investigated, and

the results showed that:

Mixing and mixture preparation time, maximized at the baseline PFI and early DI strategies were
shown to be the key determinants of the performance of the engine with liquid LPG. For example,
the early DI improved engine brake torque by 7% compared to the late DI mode at high loads
(1300kPa BMEP corresponding to intake pressures of 140kPa). The baseline PFI configuration
also outperformed the late DI mode at almost all tested operating conditions in terms of BTE and
brake torque accounting for a 1.1% absolute increment in BTE over the late DI case at the same

stoichiometric, naturally aspirated conditions.

SOI had a significant effect on the performance, emissions, and combustion characteristics in DI
configuration only. Notably, BTE was increased by ~10% as SOI was advanced from close valve
timing 120 deg bTDC to open valve timing 360 deg bTDC while bsCO and bsTHC were reduced
by 34% and 59% respectively from 32.3g/kW-hr to 21.2g/kW-hr and from 2.7g/kW-hrto 1.1g/kW-
hr as SOI timings were advanced from 120 deg bTDC to 360 deg bTDC. The SOI results also
demonstrated the importance of other factors apart from mixing time such as tumble, LPG spray
pattern, engine valve and piston position in ensuring engine stability as SOI 330 deg bTDC was
significantly more unstable than the late SOI timing 150 deg bTDC despite its superior mixture
preparation time. PFI operation on the other hand displayed an insensitivity to SOI timings,
maintaining COVimep < 3% at all tested SOI points. This trend was also evident in the PFI

emissions as the brake specific NOx, THC and CO showed little variation with SOI.

The charge cooling effect of the vaporized liquid LPG spray was a key feature of the DI
configuration but was most evident in the late DI strategy where this cooling effect was maximized.

This effect was responsible for a >33% reduction in bsNOx for the late DI configuration compared
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to the baseline PFI mode at the same 150 deg bTDC SOI. In another scenario, the late DI
configuration achieved a 39% reduction in bsNOx (12.2g/kW-hr ) compared to the baseline PFI
(19.95g/kW-hr) and a 26% reduction in bsNOx when compared to the early DI mode at the most

retarded ignition timing condition evaluated.

In terms of emissions, the DI strategies were able to avoid short-circuiting of the fuel, which was
evident in the bsTHC emissions at stoichiometric, naturally aspirated conditions. The DI modes
reduced the bsTHC emissions by 47% for the late DI and 38% for the early DI mode compared to
the baseline PFI mode. The baseline PFI strategy did however show overall advantages in terms
of bsCO emissions, most notably at similar lean conditions and when compared to the late DI
strategies. For example, at the leanest evaluated condition, ¢ = 0.83, the PFI configuration achieved
93% and 52% lower bsCO emissions when compared to the late DI mode and the early DI mode

respectively.

Of the two tested DI configurations, the early DI timings indicated superiority in key areas, with a
combination of favorable charge cooling and extended mixture preparation time, along with the
similar short-circuiting benefits, the early DI was responsible for extending the knock limit and
allowing more advanced CAS50 operation and higher engine loads, extending the lean operation by
supporting stable operation of the engine at leaner conditions and demonstrating tangible bsCO
benefits compared to the late DI strategy. The late DI strategy showed combustion advantages in
terms of shorter heat release durations translating to faster burn durations, but this was mostly due
to stratification of the in-cylinder charge with rich pockets at the walls and crevices which then

had unfavorable effects on the knock tendencies, bsCO emissions, and stability of the engine.

Finally, the designed PFI and DI system consistently delivered liquid LPG at the required injection

pressures, 1.6MPa and 17.2MPa respectively. This set-up guaranteed excellent control of the

114



combustion and air-fuel ratio during the heavy-duty experiments. The baseline efficiency to be
used as a reference for the rest of the study was determined to be 34%, achieved with PFI and
compression ratio 9.3:1, at 1200RPM, MBT, and naturally aspirated (101.3kPa) stoichiometric

conditions.

The results from this chapter demonstrate the 34% baseline BTE on the engine and necessitate an
improvement in the BTE of at least 10% in order to achieve the goal of matching the diesel
efficiency on the engine. The results also show the importance of designing an injection strategy
tailored to the properties of the LPG fuel for optimal combustion, performance, and emissions
behavior. Two possible strategies are the stratified direct injection strategy with early injection at
low cylinder pressure which show higher penetration lengths [97] and improved mixing and then
a late injection to take advantage of the charge cooling effect of the spray, or a mixed DI/Optimized
PFI strategy that takes advantage of the PFI mixing benefits and the DI charge cooling, volumetric
efficiency, and eliminated short-circuiting benefits, especially at higher loads. Finally, the findings
suggest that the key to achieving the 10% improvement in BTE would be to drastically improve
the injector flow and thereby shorten injection duration so as to further harness the benefits of
mixing and potentially, switch to late DI timings to enable maximized trapped and higher levels of

charge cooling. This chapter provides some clarity on research questions 2 and 3.
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CHAPTER 6. OPTIMIZATION OF THE HEAVY-DUTY ENGINE TO ACHIEVE DIESEL
EFFICIENCY AND LOW EMISSIONS WITH DI/PFI, CONTROLLED END GAS AUTO
IGNITION AND EGR

6.1 Overview

The chapter presents the results of the final phase of investigations conducted on the engine. The
results described herein are the culmination of the three preceding chapters and draw on their
conclusions in pursuit of the overarching goal of achieving near diesel efficiency with LPG on the
heavy-duty Cummins 1SX15L engine. The engine was run with several different combinations of
key variables and hardware configurations including but not limited to different ignition sources,
pistons, engine loads (in terms of BMEP), combustion phasing, exhaust gas recirculation rates etc.
The developed computational models played a critical role especially in the design of the pistons

and injection strategies, but those discussions are out of the scope of this dissertation.

The outcomes from Chapter 5 highlighted the potential associated with improving injector flow
and distribution which would consequently reduce injection duration and maximize mixture
preparation time. Efforts were made on three fronts in this regard, the first was to attempt to
increase the flow rate of the baseline Delphi 5-hole injector while optimizing the nozzle pattern
for even more superior mixture distribution. This was done using the CFD models to optimize
mixture homogeneity at engine relevant conditions and the models showed promising results for a
second generation 3-hole Delphi design that improved flow rate and mixture distribution. The
second direction was to modify an off-the shelf short-body injector with almost double the flow
rate of the baseline Delphi injector albeit with unmodified nozzle patterns. This high-flow injector
required extensive modification for operation on the heavy-duty engine especially considering the

off-center installation location of the direct injectors on this engine. The third was to optimize the
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PFI strategy in terms of location and flow by designing a double-injector intake valve targeting
system that would be capable of higher loads and take advantage of the charge cooling properties

of the LPG spray.

Compression ratio and piston design also took center stage in this chapter as the innovative
optimization of piston/compression ratio design has been shown to be one of the biggest
determinants of engine efficiency [10, 11, 29, 72, 98 — 100]. The final piston, the high squish 14:1
piston, was developed using the CFD models for high load and efficiency and to extend the knock
limit on the engine. Finally, three different ignition hardware were tested on the engine in a bid to
extend the EGR tolerance and the knock limit and improve combustion stability and efficiency.
Other works have studied the effect of ignition source location [40, 101] and type [101, 102] for
fuels such as natural gas and LPG, in diluted and stoichiometric conditions. In this work, the

ignition hardware is top mounted and centrally located.

The investigations following the baseline 9.3:1 studies conducted in Chapter 5 began with the
installation of the 11.9:1 piston on the engine. This piston, originally designed for natural gas
operation on the Cummins ISX15L engine, presented a pathway to improved efficiency, better
understanding of the engine behavior with LPG, and further tuning of the developed computational
models. EGR was introduced at this stage to develop an understanding of engine dilution tolerance
limits and characteristics and also to provide baseline EGR data for the CFD model. The baseline
Delphi 5-hole and optimized PFI configurations were then compared at this compression ratio as
were the 3-prong Altronic and Woodward FTI prechamber spark plugs. The CFD optimized piston
was then installed on the engine and all three ignition sources tested on the engine as well as all

three injection configurations, the baseline 5-hole Delphi DI, the high-flow DI and the optimized
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double-injector PFI systems. Engine load, SOI, combustion phasing, and EGR rates were all varied

at these configurations.

The results showed that the required 10% increment in BTE over the baseline efficiency to match
the 44% diesel efficiency target was achieved with both the high-flow DI and optimized PFI
configurations using the Woodward FTI spark plug. In finer details, EGR played a critical role in
this regard by extending the knock limit of the engine thus allowing more advanced combustion
phasing especially at higher loads, which led to these high efficiencies. The chapter begins with a
brief section on the experimental methods and test matrices. Then, a section on the response
surface method optimization using a full factorial design of experiments and finally, a discussion

of the results and short conclusion brings the chapter to an end.

6.2 Experimental Methods

The engine was operated in different configurations as discussed in section 6.1 and as shown in
Table 6.1. The operation of the engine with the baseline 5-hole Delphi injector at compression ratio
9.3 has been discussed in extensive details in Chapter 5. The 11.9 ‘natural gas’ piston was then
installed on the engine and operated with the three injection configurations described in section
6.1. The results from these set of experiments guided the design of the optimization experiments
and the final approach to the target efficiency. The 3-prong Altronic spark plug from the baseline
configuration was initially used at this 11.9 compression ratio configuration before the Woodward
FTI prechamber spark plug was introduced to determine the potential combustion benefits with a

different, more advanced ignition concept.

118



Table 6.1. The complete engine configurations

Set-up | Compression Ratio Ignition source Injection strategy
Type | High 11.9 Baseline | Woodward | 3- J- Optimized | High | 5-hole
Squish | ‘natural | 9.3 FTI prong | Gap | double -flow | modified
Set-up | 14:1 gas’ piston Pre- spark | spark | injector 6- DI
No. piston | piston chamber plug plug | PFI hole
spark plug DI
1 X X X
2 X X X
3 X X X
4 X X X
5 X X X
6 X X X
7 X X X
8 X X X
9 X X X
10 X X X
11 X X X

Following this, the piston was swapped for the CFD optimized high squish 14:1 piston on the
engine. Again, investigations began with the baseline 5-hole Delphi injector, this time with the
Woodward FTI prechamber spark plug. The engine was then switched to the high-flow DI
configuration at which all three ignition sources were investigated. Finally, the engine cylinder

head was swapped to the PFI configuration to allow for the testing of the optimized PFI mode with
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the 14:1 piston and the Woodward FTI Prechamber spark plug. The LPG fuel delivery system
described in sections 2.3.1 and 2.3.2 were used as required depending on the injection
configuration. LPG bought daily at the same local gas station was used for all of the heavy-duty
engine tests and the GC reports from measurements of the fuel composition showed a consistent
> 98% propane content for all the tested LPG fuels used in the heavy-duty engine study. A list of
engine variables and their ranges of operation across all configurations as well as engine constant

operating parameters across the test days can be found in Table 6.2.

Table 6.2. Engine variables and constants

Variable Range

Start of Injection 120 — 360 deg bTDC
CA50 5—-22 deg aTDC
EGR 0-31%

BMEP 900 — 2100 kPa
Constants Set point

Speed 1200RPM

Phi 1

Coolant Temperature 85 deg C

Mixture Temperature 38 deg C

Injection Pressure — Delphi 5-hole DI 17.2MPa

Injection Pressure — High-flow DI 13MPa

Injection Pressure — Optimized PFI 1.6MPa

LPG Composition / average LHV >98% propane (HD-5) / ~46.34MJ/kg
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6.3 Response Surface Method Optimization

Given the large number of variables that influence engine efficiency, a response surface method
(RSM) technique was applied to optimize the efficiency of the heavy-duty LPG engine. The
method involved a 2* full factorial with center points design of experiments on the engine using
the k = 5 variables and procedure shown in Table 6.3. In this case, the experiments were non-
randomized and without replication except for the center point which had multiple replicates to
provide an estimate of the error and to check the time trends. The five variables were chosen based
on experience with the engine and previous engine data and results. The variables were BMEP,
SOI, EGR, Injection pressure and the CIM. The factor (variables) effects and their interactions,
which typically account for the response surface curvature [103] were studied and a steepest
ascent/descent technique (a gradient search method) was used to optimize the desired parameter
[104]. The objective function was to minimize BSFC (desired parameter), which translates to an
increase in BTE. 32 corner points were tested on the engine in the full factorial 2° design. The
factor levels spacings were chosen to be as aggressive as possible due to the unreplicated factorial
design [103] of the experiments while also ensuring that the engine operated within its limits by
leveraging the experience of previous engine results, for example, in picking a center point that
allowed engine operation within the limits of engine stability and practical EGR rate increments

given hardware limitations.

The half-cube plot in Figure 6.1 provides a visual representation of the experimental design where
the “+” and “-” denote the high and low levels of a factor, respectively. The method involved two
stages, experiments representing the 32 corner points which were combinations of the high and
low factor levels of the five variables were run on the engine as well as several replicate runs of

the center point (eight in this case). The responses (BSFC) from these 32 operating conditions
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formed the data that was used to quantify factor effects, statistically relevant factor interactions,
and ultimately, generate a steepest descent vector of the five variables that would trend the response
in the desired direction (reducing BSFC). The second stage involved following the vector into the
optimization space, testing the engine operating conditions along the vector until an inflection
point (optimum point) was reached in terms of the response (BSFC). This point then served as the

new center point for the next iteration of the optimization routine.

Table 6.3. Response surface method design template — Method of steepest descent

Objective Function: The Goal is to minimize BSFC

Procedure

l. Select center point parameters

2. Select appropriate increments

3. Take data to complete cube

4. Follow optimization vector until objective function reaches minimum

5. Repeat process

Parameters BMEP (MPa) | SOI (deg | EGR (%) | Injection CIM (%)
bTDC) Pressure (MPa)

Value at 1.2 315 10 16 20

center point

Increment (+/-) | 0.2 15 5 2 5
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Figure 6.1. Half-cube plot of the five variables

The RSM optimization in this work was carried out in three phases. The first phase was with the
5-hole Delphi injector, the second phase was with the XDI high-flow injector, and the third phase
was with the optimized PFI configuration which had only 4 variables due to the narrow window
between the pressure required to maintain liquid LPG in the fuel delivery system and the injection
pressure. The vector of operating conditions for the three phases as well as the factor effects of the
five variables from phase 1 and the four variables from phase 3 are shown in Figure 6.2. The key
takeaway from phase 1 was that the direction of increasing efficiency for injection pressure was to
reduce it. This was counterintuitive given the desire to reduce injection duration by increasing
injection pressure, however, a possible explanation for this trend was that at higher injection
pressures, the momentum of the fuel spray forces it to sit at the bottom of the piston bowl
preventing beneficial mixing with the charge air. There was also the increased possibility of liner
impingement and crevice volume filling at these higher injection pressures. This trend of
optimizing efficiency with decreasing injection pressure was also observed in phase 2 with the

high-flow direct injector configuration. Given that the optimization vector of phase 1 indicated
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that the direction of increasing efficiency was towards lower BMEPs, conflicting with the required
project goals for high loads/peak torque efficiency and observing the limitations of the 5-hole
Delphi injector in terms of flow rate and injection durations especially at high-loads, a subjective
center point was chosen for the start of phase 2 and the injector changed to the high-flow XDI
injector. The 32 corner points and replicated center points were tested once more and the vector of
operating conditions followed until the inflection point. Due to the similarity of the high-flow XDI
and the optimized PFI configurations in terms of performance as well as time limitations on the
test cell, phase 3 was done in the optimized PFI configuration with four variables and 2* = 16
corner points. This cut engine operating time and resources in half and still demonstrated the

required optimization of the engine efficiency.
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Figure 6.2. Optimization vectors for the three phases and the factor effects plot for phase 1 and 3
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Figure 6.3 illustrates the successful application of the optimization technique, as BTE was
increased by >16% from ~37% at the beginning of phase 1 to near-diesel efficiencies at ~43% at
the end of phase 3. The EGR rate at the end of phase 3 had approached and exceeded the EGR
limit meaning that the engine would have begun to experience severe misfires and unstable
combustion if the vector was followed any further in that direction. Thus, the EGR rate would need
to be dropped as an operating variable and a 23 full or fractional factorial design of experiments
run for phase 4. However, the CIM tool was shown to be susceptible to engine noise specifically
from the spark plug and this discouraged the continuation of the RSM optimization technique after
the successful demonstration of its potential in order to protect the engine from damage at the
higher loads the engine was now being operated at. Importantly, the RSM results pointed to the
need to reduce injection pressure for optimized engine performance in the direct injection
configurations, and this was critical in the achievement of the 44% target efficiency with the high-
flow DI configuration as demonstrated in the one-factor-at-a-time design of experiments results
discussed in the next section. All three phases of the RSM engine operation were conducted at
1200RPM, ¢ = 1, and MAT = 38 deg C with the pre-chamber spark plug and the 14:1 high-squish

piston on the heavy-duty liquid LPG engine.
6.4  Results and Discussion
6.4.1 Compression Ratio Optimization

The results from the compression ratio optimization investigations are discussed in this section.
Start of injection and combustion phasing in terms of CA50 were varied on the engine at all tested
compression ratios. The 3-D plots in Figure 6.4 demonstrate the relationship between compression
ratio and key engine combustion, performance and emission metrics. Figure 6.4a indicates that

combustion is mostly stable (COVimep < 3%) in the early start of injection timings for all CR
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configurations due to the maximized mixture preparation time as explained in the section 5.3.1.
There were islands of relative stability encountered at a few late SOI timings, while the region
between 240 and 300 deg bTDC suffered from higher combustion instability than some later SOI
timings pointing to the possible influence of other in-cylinder factors such as piston and valve
position, combustion chamber design and spray dynamics on combustion stability. For example,
the high squish 14:1 piston did not indicate any late SOI region of combustion stability with as
high as 40% COVimep at the most retarded SOI timing. Figure 6.4b showed that the direction of
improving efficiency is at higher compression ratios as backed by the literature [10, 11] and earlier
SOI timings as previously demonstrated in section 5.3. For example, the 14:1 piston improved
BTE by ~13% relative to the baseline 9.3:1 piston at 360 deg bTDC. Figure 6.4c described very
interesting results for the bsNOx emissions as the maximum region was found at earlier SOI
timings due to the reduced effect of the LPG spray charge cooling but not exactly at the earliest
SOI times which would have the most reduced charge cooling effect. The minima also found as
expected at retarded SOI timings due to the increased effect of the LPG spray vaporization cooling
the charge and reducing combustion temperatures but not exactly at the most retarded SOI times.
Even more interesting was the observed trend of CR 14:1 piston producing the lowest bsNOx while
the CR 11:9 piston generated the highest bsNOx emissions. This was believed to be as a result of
the superior design of the CR 14:1 piston specifically for LPG combustion and for better thermal
management as despite the higher in-cylinder pressures and consequently temperatures the piston
was exposed to, the CR 14:1 piston indicated similar exhaust gas temperatures (not shown) as the
CR 11.9 piston at all tested CA50s. This led to comparatively better bsNOx emissions at this high
compression ratio. Finally, the bsTHC emissions are presented in Figure 6.4d. The bsTHC plot

demonstrates a distinct dependence on the COVimep as the regions of severe combustion
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instability (retarded SOI timings, high 14:1 compression ratio) were also the regions of high THC

emissions. The misfires and partial burns associated with the retarded injection timings were most

likely responsible for this trend. Another possible contributor was the design of the 14:1 piston.

The high squish design likely forces more charge into the crevice regions especially at the late SOI

timings which is then reintroduced into the cylinder. The fraction of this charge which has now

been reintroduced into the cylinder that escapes the late-cycle low temperature oxidation then

proceeds into the exhaust stream as HC emissions.
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Figure 6.3. Response surface method efficiency optimization
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Figure 6.4. 3-D plots showing the relationship between compression ratio and (a) COVimep (%) (b) BTE
(%) (c) bsNOx (g/kW-hr) (d) bsTHC (g/kW-hr) and SOI (deg bTDC) with the 5-hole DI configuration.

Upon conclusion of the SOI tests, the combustion phasing was advanced for all tested pistons from
a retarded CAS50 timing to the MBT combustion phasing. If the spark cannot be advanced until
MBT before the occurrence of knock, the engine is said to demonstrate knock limited spark
advance or be knock limited. The limits on the left of the 3-D plots in Figure 6.5 are the knock
limits on the engine as compression ratio was increased, implying that the engine will transition
into uncontrollable, abnormal combustion if the spark was advanced into that region. While there

was some play left in this knock region for further slight advances of combustion phasing, these
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tests were limited to safe intensities of medium knock as the knock limit. To further demonstrate
the relationship of compression ratio with knock and combustion phasing, the knock ripple sum
(KRS) is plotted in Figure 6.5a. As the center of combustion is advanced towards TDC leading to
higher peak pressures and temperatures, the KRS increases. A similar effect was observed as
compression ratio was increased up from 9.3 to 14 with a maximum KRS at CA50 10 deg aTDC
for the CR 14:1 piston. A subjective KRS threshold of 4.2% was determined as the value above
which the engine began to exhibit incipient knock in this study. The 4.3% line on Figure 6.5a
shows that the higher compression ratios would require significant combustion phasing retardation
to completely avoid knock with the LPG fuel on the heavy-duty engine. Next, the MBT timing
was determined from the brake torque trends in Figure 6.5b. The MBT timing points to the
combustion phasing where the combination of work done on the gas by the piston and work done
by the gas produce the highest torque for a particular engine configuration. The lower compression
ratios (9.3:1 and 11.9:1) showed that maxima somewhere between CAS50 7 and 9, but then the
engine began to exhibit knock limited spark advance as compression ratio was increased further
as can be observed from the change of slope on the left limit of the 3-D curve. Nevertheless, CR
14:1 achieved the highest brake torque and BTE with the compression ratio configurations with
193.7Nm, ~4% higher than the peak torque at CR 9.3:1, and 39.1% BTE. The bsNOx trends in
Figure 6.5¢ demonstrate similar patterns to those discussed earlier in Figure 6.4c¢ in terms of their
relationship with compression ratio. Combustion phasing had the effect of increasing bsNOx as
phasing was advanced owing to the higher in-cylinder pressures as combustion is moved closer to
TDC and the consequently higher temperatures which then promote the NOx formation chemistry.
Figure 6.5d presents the relationship between bsTHC, combustion phasing and compression ratio.

As combustion phasing is retarded, the engine experiences higher late cycle temperatures which
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then improves the low temperature oxidation of the reintroduced charge from the crevices. This
effectively reduces the bsTHC emissions as is shown in Figure 6.5d. On the other hand, as
compression ratio is increased the in-cylinder peak pressures are also increased (demonstrated in
the next figure), this increased pressure forces more charge into the crevices. This, along with the
possibility of the high squish design forcing more charge into the crevices, was likely responsible
for the increase in the peak bsTHC, from 1.13g/kW-hr at the baseline 9.3:1 compression ratio to
1.37g/kW-hr at the high squish CR 14:1 compression ratio configuration at the most advanced

CAS5O0 tested for each CR.

Finally, the in-cylinder pressures and apparent heat release rate curves are shown in Figure 6.6 for
the three compression ratio configurations and the same engine operating condition. The CR 14:1
piston exhibited the highest peak pressures as mentioned earlier and the steepest rate of pressure
rise amongst the three tested configurations. The CR 14:1 piston also indicated the highest peak
rate of heat release and the shortest heat release duration of the three pistons. A significant
observation in this plot is the presence of the distinctive shoulder on the AHRR curve for the CR
14:1 piston which pointed to the presence of a secondary combustion event or some end-gas auto
ignition at this operating condition on the engine. Considering all factors, the CR 14:1 was shown

to be a successful design and was moved forward for the BTE optimization tests.

6.4.2 Ignition Source Comparison

At the intermediate 11.9 ‘natural gas’ piston configuration, the ignition source was changed from
the baseline 3-prong spark plug to the Woodward FTI prechamber spark plug. For both ignition
sources, engine load in terms of BMEP was increased from 900kPa to 1800kPa, however, this
BMERP increase was made possible with the introduction of EGR which allowed combustion

phasing to be advanced by mitigating the much higher knock intensities at the high load and high
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compression ratio conditions. This enabled the efficiency benefits of increasing engine load to
become apparent on the engine. An important threshold in these BMEP+EGR combinations was
the EGR limit defined in this chapter as the peak EGR (EGRpeak) which was the point at which the
combustion stability metric, the COV peak pressure Was maximized at £10%. At all conditions, this still
correlated to @ COVimep < 3% which is the key determinant of combustion and engine stability in
this work. An in-depth discussion on EGR, its effect on NOx and knock and the inflection point at
which peak efficiency is achieved in correlation to the COVpeak pressure a8 EGR 1s introduced has
been presented in section 3.3.3 and chapter 4. The set of experiments described in the section were
conducted to demonstrate the ability of the heavy-duty LPG engine to achieve higher engine loads
and develop an understanding of EGR and the EGRpeak behavior on the heavy-duty LPG engine as
well as determine any possible benefits of operating the LPG engine with a different ignition
source than the baseline 3-prong spark plug. To do this, the combustion phasing advance upper
limit was set manually by a KRS limit of 15% at which point the engine experienced light knock.
Then EGR was added slowly at the desired engine load until EGRpeax. At this point, KRS was 10
< KRS <15%, BMEP was the desired value and EGR was at EGRpeak while other engine constants
presented in Table 6.2 remained constant. This point differed significantly for the 3-prong and FTI
prechamber configurations and the combustion characteristics are shown in Figure 6.7. Firstly, in
terms of EGR both ignition sources tolerated different amounts of EGR at each BMEP with the 3-
prong allowing 20%, 16%, 17% and 15% respectively as load was increased from 900 to 1200 to
1500 to 1800kPa while the FTI prechamber spark plug allowed 22%, 18.5%, 19%, 15%
respectively at the same engine loads. Several studies have shown how the prechamber ignition
concept can shorten main chamber heat release duration and improve combustion stability and

efficiency for high octane number fuels including propane and natural gas [102, 105, 106]. Benajes
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et al. particularly showed how passive prechamber design can affect EGR dilution tolerance with
their prechamber design 2 concept falling way short of the design 1 in terms of EGR tolerance
[106]. For the passive prechamber system used in study, the shorter heat release duration was likely
responsible for the increase in EGR tolerance which then allowed combustion phasing to be
slightly more advanced relative to the 3-prong spark plug as can be seen in the closer-to-TDC peak
pressures in Figure 6.7. The combination of the slight advance in combustion phasing and higher
EGRpeak consequently guaranteed higher efficiencies for the prechamber spark plug. However, as
BMEP was increased up to 1800kPa, the combustion phasing had to be retarded to maintain the
KRS at 15%, this hurt the efficiency as the highest efficiencies were recorded at 1500kPa BMEP

for both tested ignition configurations.

Next, the ignition configurations were tested at the CFD optimized 14:1 compression ratio piston
and the high-flow DI configuration. Figure 6.8 shows the comparison between the 3-prong spark
plug and the prechamber spark plug at 1600kPa BMEP and EGRyeak as combustion phasing was
advanced. The BTE was observed to be higher with the prechamber spark plug at all tested CA50
as presented in Figure 6.8a accounting for as much as a 1.2% absolute increase in BTE at the most
advanced CAS50 12.5 deg aTDC when compared to the 3-prong spark plug. The direct reason for
this was the higher EGRcak values once again demonstrated by the prechamber spark plug (~29%)
compared to the ~26% EGRpeak for the 3-prong configuration. At stoichiometric conditions, this
3% increase in EGR reduces the in-cylinder temperatures further reducing heat losses and
improves the gas exchange efficiency thus increasing efficiency. The operation of the passive
prechamber spark plug involves forcing in-cylinder charge into the prechamber at high velocities,
especially towards the end of the compression stroke, where mixing then happens rapidly. This

mixture is then ignited and the combustion pressure differential between the prechamber and the
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main chamber forces flame jets to exit the prechamber, increasing the flame surface area that can
now ignite the extremely EGR-diluted mixtures in the main chamber and maintain short enough
combustion durations that guarantee stable combustion. Figure 6.8b is also a direct consequence
of the difference in EGR tolerance. Due to the 3% difference in EGR peak, there was improved knock
mitigation at all tested CAS50s pointing to the possibility of further advancing the combustion
phasing with the prechamber configuration and achieving even higher brake thermal efficiencies.
At the most advanced CAS50 tested of 12.5 deg aTDC, the 3-prong configuration had begun to
exhibit medium knock while the prechamber configuration which exhibited a 47% reduction in
knocking intensities at the same CAS50 was only experiencing light knock. As combustion phasing
was retarded in both Figures 6.8a and b, BTE and KRS reduced. This relationship between knock,
efficiency and combustion phasing has been shown to be one of the key design limitations for
spark ignited engines. The bsNOx emissions are plotted in Figure 6.8c for both configurations.
Another direct consequence of the improved prechamber spark plug EGR tolerance was the higher
level of mitigation of NOx emissions at the lower in-cylinder temperatures which effectively
hampers the NOx formation chemistry. For both configurations, as combustion phasing was
retarded in-cylinder pressures and temperatures are reduced which also effectively reduces engine
out NOx. Finally, the bsTHC emissions are shown in Figure 6.8d. The passive prechamber ignition
system can be seen to generate slightly higher HC emissions with the biggest difference at CA50
15 deg aTDC where it indicated ~9% higher bsTHC than the 3.01g/kW-hr measured for the 3-
prong spark plug. The reason for this was believed to be three-fold. First, the higher EGRpeak was
believed to contribute to more partial burns for the prechamber configuration. This effect was also
responsible for the increase in bsTHC at retarded combustion phasing. Second, the lower

temperatures associated with the higher EGReak for the prechamber configuration also could
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reduce late cycle temperatures which are critical for the oxidation of crevice volume HCs

reintroduced into the combustion chamber. Third, the prechamber concept was passive and

unscavenged and as such any HC left after the flame jets exit the prechamber could contribute to

the total engine-out HC.
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Figure 6.5. 3-D plots showing the relationship between combustion phasing and (a) KRS (%) (b) Brake
Torque (Nm) (c) bsNOx (g/kW-hr) (d) bsTHC (g/kW-hr) and CR with the 5-hole DI configuration.
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Figure 6.6. Combustion characteristics for the three compression ratio configurations on the engine

To conclude the section on the ignition source comparison, a regular J-gap spark plug was tested
on the engine using the high flow DI and high squish 14:1 piston configuration. The J-gap spark
plug exhibited pre-ignition and run-away uncontrollable knock as shown in the bottom right of
Figure 6.9a. Figure 6.9a is a snapshot of the LECM interface during engine operation with the J-
gap at CAS50 20 deg aTDC, 1200RPM, MAT 38 deg C, naturally aspirated (101.3kPa),
stoichiometric conditions. It is unclear why this happened, but a possible explanation was that the
aggressive design of the 14:1 piston which was intended to maximize efficiency caused a knock
event of substantial magnitude that deformed the J-gap electrode and caused instabilities in its
operation. This was backed up upon uninstalling the J-gap from the engine, it was observed that

the gap had been closed after only an hour of engine operation.
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Figure 6.7. Combustion characteristics for the (a) 3-prong (b) Prechamber, ignition configuration on the
heavy-duty LPG engine for the BMEP sweep with EGRpcac amount introduced at KRS 15% for the 5-hole
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aTDC) at 1600kPa BMEP + EGRcax for the 3-prong Altronic and Woodward FTI prechamber spark plugs
using the high flow DI and high squish 14:1 piston engine configuration.

For this reason, the J-gap tests were not extensive and were conducted solely at naturally aspirated
conditions at the baseline BMEP of ~900kPa. This is an advantage of the advanced, robust ignition
systems as they were perfectly capable of operating safely at low loads and then delivering near-
diesel efficiencies for the heavy-duty LPG engine at advanced combustion scenarios such as the
high boost, high EGR, high compression ratio configurations presented. Despite this, the trends in
Figure 6.9b show some promise for the regular J-gap configuration with comparable efficiencies
to the prechamber configuration at all tested CA50s. A possible reason for this is found in the

literature [10], as the combustion gases and flame jets exit the prechamber channels, there is some
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heat transfer to the walls and passageways that could effectively reduce the overall efficiency of
the engine, just enough to match the regular J-gap performance at low loads in this case despite
the prechamber spark plug’s superior performance in advanced combustion scenarios. However,

the COVpeak pressure trends demonstrated this operational instability already discussed for the J-gap

configuration.
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Figure 6.9. (a) Snapshot of the LECM interface during engine operation showing the in-cylinder pressure
and heat release trends. (b) BTE (%) and COV peak pressure (%) vs CAS50 (deg aTDC) for the J-gap and
Prechamber sparkplug at naturally aspirated, stoichiometric conditions (high-flow DI, 14:1 piston)

6.4.3 Injection Configuration

With an understanding of the ignition source and compression ratio configuration effects, this final
results section focuses on the injection configurations tested on the heavy-duty LPG engine to
achieve target 44% brake thermal efficiency. Figure 6.10a shows the COVimep for the three tested
injection configurations; the 5-hole Delphi DI, the high-flow DI and the Optimized PFI. All
configurations exhibited combustion stability at early SOI timings 360 and 330 deg bTDC as a
result of the maximized mixture preparation time as discussed in chapter 5 and section 6.3.1. As
SOI was retarded, the DI modes illustrated interesting trends with extremely unstable combustion
at SOI 270 and 300 deg bTDC. This has also been discussed earlier in section 6.3.1 and chapter 5

as a possible contribution of other factors apart from mixture preparation time to combustion
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stability. The stability of the high-flow and 5-hole Delphi DI configurations began to diverge as
SOI continued to be retarded and the high-flow DI started to tend towards combustion stability
again suggesting that at this engine configuration, the influence of mixing time overshadowed the
effect of better mixture distribution which the 5-hole injector was designed to do. The biggest
takeaway, however, was that the optimized PFI was insensitive to SOI timing and remained stable
at all injection timings due to its location outside of the cylinder which naturally allowed sufficient
mixing time. This stability trend for the optimized PFI was transferred to the BTE results shown
in Figure 6.10b, however, the maximum efficiency was once again indicated at the earliest SOI
timing, 360 deg bTDC for all injection configurations. The BTE curve could almost be read to be
the inverse of the COV curve for all the three injection configurations with the optimized PFI
configuration being the clear winner. For context, just after exhaust valve closing (SOI 360 deg
bTDC), the optimized PFI was responsible for a ~2% and 3% relative improvement in BTE over
the high-flow and 5-hole DI respectively. However, just after intake valve closing (SOI 150 deg
bTDC) the relative improvement is more substantial with ~6% and ~16% respectively. The brake
specific NOx and THC emissions are illustrated in Figure 6.10c and d respectively. The DI
configurations consistently demonstrated lower NOx emissions when compared to the optimized
PFI mode a trend which had been linked to the charge cooling properties of the vaporized LPG
which would be more effective in DI mode and especially at retarded SOI timings. For the bsTHC
emissions, the values were not too dissimilar between all three modes at the stable early SOI
timings 330 and 360 deg bTDC but as combustion stability and misfire occurred more frequently
for the DI modes, the bsTHC increased significantly peaking at 270 deg bTDC for the high-flow
DI configuration and at the super unstable 120 deg bTDC for the 5-hole DI mode. Apart from the

severely unstable regions at 270 and 300 deg bTDC, the high-flow DI and optimized PFI posted
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comparable bsTHC emissions of ~1g/kW-hr across the SOI sweep. The high-flow DI mode

indicated the lowest bsTHC emissions during these tests with 0.68g/kW-hr at 180 deg bTDC at

which SOI the piston would be at bottom dead center. It was possible that this piston location

combined with the short injection duration of the high-flow injector significantly reduced the

volume of crevice-trapped vapors.

45

—&— 5-hole DI
@) 49 |- (b - m High-flow DI
\ A Opt. PFI
40 T T T T T T T I I
K . $ ; S T S s
3 A ~ - S y
5y 1 &) % ‘; -
g N o 35 5 ST
20
% I} \ [as]
@) P \
]
A N 30
10 N ' ¢
\
- _ _ E--F - \
0 4 x 4 4 4 4 4 1 25 1 1 1 1 1 1 1 1 1 1
120 150 180 210 240 270 300 330 360 390 120 150 180 210 240 270 300 330 360 390
24 18
[ ]5-hole DI
(©) . ()
» Q High-flow DI 16 T
N\ Opt. PFI i
TE R R R ARE Bl :
= i 'I' = i
18 e - ENE < ||
Z Z 10 u
16 [ 1Y- E) L]
< — Q 8
o |
2 T 0 RNE
o # o 6
12 e E . 4
10 Y 5 .
N - NLEENLE EAIN T al NI N f}tN mﬂﬂ
120 150 180 210 240 270 300 330 360 120 150 180 210 240 270 300 330 360
SOI (degrees bTDC) SOI (degrees bTDC)
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Figure 6.11 illustrates the influence of varying the combustion phasing on key combustion,

performance and emissions metrics for all three injection configurations. Following the SOI tests,

the earliest SOI timing 360 deg bTDC was demonstrated the highest efficiency, best combustion
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stability and acceptable levels of emissions was chosen for the combustion phasing tests. As
combustion phasing in terms of CA50 was advanced towards TDC in Figure 6.11a, the BTE
increased for all modes, with the optimized PFI and high-flow DI indicating similar engine
efficiencies. The limitations of the 5-hole modified injector were now becoming more apparent as
it consistently indicated about 0.8% lower efficiencies than the other two injection configurations
in absolute terms. In terms of knock presented in Figure 6.11b, all three injection modes performed
similarly, transitioning from incipient knock to light to medium knock at the most advanced timing.
The 5-hole injector began to diverge from the other two modes and showed lower and lower knock
intensities as CA50 was advanced possibly due to its longer injection duration reducing residence
time for the LPG spray in the cylinder and improving the charge cooling effect closer to
combustion. Again, the DI modes showed superior qualities in terms of bsNOx plotted in Figure
6.11c with ~11% and 15% reduction in bsNOx for the 5-hole and high-flow DI configurations
respectively when compared to the 20.16g/kW-hr measured for the optimized PFI configuration.
For the bsTHC emissions during these CAS50 tests, the order was generally observed to be
optimized PFI < high-flow DI < 5-hole modified DI. For example, as illustrated in Figure 6.11d
the optimized PFI mode indicated a 32% reduction in bsTHC compared to the 5-hole modified DI
configuration at CA50 18 deg bTDC. Finally, the bsTHC was observed to reduce with retarded
CASO0 for all injection configurations due to the increased late cycle temperatures which was

expected as combustion happened later and later.
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(deg aTDC) for all three injection configurations.

Next, the injection configurations were tested with EGR at different engine operating conditions
to better understand their overall performance and limits. First, EGR was introduced at low load
conditions (900kPa BMEP) on the 11.9 ‘natural gas’ piston with the baseline 5-hole modified
injector and the 3-prong spark plug. The results are shown in Figure 6.12a for the EGR sweep at
an early direct injection SOI timing (EDI) of 360 deg bTDC and a late direct injection SOI timing
(LDI) of 120 deg bTDC. Two observations from Figure 6.12a are that the EGRpeak defined earlier
in this chapter and introduced in chapter 3 for the CFR LPG engine also exists for the heavy-duty
LPG engine just as the COV is about to cross its set limit of 3% for the COVimep as shown in Figure
6.12a and 10% for the COVpeak pressure Shown previously. The second key observation was that the
EGRpeax at LDI was found to be around 7%, which was then more than tripled to over 22% at the

early DI condition. This had a knock-on effect on BTE as the BTE at EGRyeak for the EDI case
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was 37.4%, ~11% relatively higher than the BTE at EGRpeak for the LDI scenario. Figure 6.12b
shows the BTE, KRS and bsNOx as EGR was increased up to its limit at 360 deg SOI with the
optimized PFI, the high squish 14:1 compression ratio piston and the prechamber spark plug
configuration. The tests were conducted at low loads (IMPa BMEP). EGR has been shown to
mitigate knock and NOx on the CFR engine in chapter 3 and 4 and in the literature [10], however,
it was imperative to demonstrate this on the heavy-duty LPG engine in order to understand the
EGR limitations and define an EGRpeak value. The EGRpeax for this configuration was measured to
be 29% shown in Figure 6.12b at the inflection point after which BTE starts to trend downwards.
Similar values were measured for the high-flow DI injector using the 14:1 compression ratio and
prechamber spark plug engine configuration at the same engine operating conditions. In terms of
bsNOx and knock mitigation, the results showed an 88% and 68% reduction respectively as EGR
was increased from 15% to the EGRpeak value of 29%. This reduction continued beyond the

EGRpeak point but BTE started to trend downwards as combustion stability began to suffer.

Finally, the baseline 5-hole DI configuration was compared with the other two injection
configurations at high load and high EGR conditions and at 360 deg bTDC SOI. In Figure 6.13a,
the baseline 5-hole modified injector is compared to the high-flow direct injector with the high
squish 14:1 piston and prechamber configuration. Similar to the experiment design described in
section 6.3.2, the BMEP is swept from 900kPa to 1200kPa to 1500kPa as EGR and spark advance
was controlled to maintain a KRS <15% and a COV peak pressure ~10% for EGRpeak. The biggest
difference between the DI modes was indicated at mid-loads (1200kPa) where the high-flow DI
mode achieved a BTE of 43.2%, a 3% improvement on the BTE for the 5-hole modified mode in
absolute terms. This was as a result of the increased EGR tolerance of the high-flow injector due

to its shorter injection duration as shown also in Figure 6.13a. The high-flow injector cut the
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injection duration by almost half at 1200kPa, thus allowing more time for the mixing with the
recirculated exhaust gases to occur before relying on the added combustion stability benefits of
the prechamber spark plug to ignite the mixture completely. At this mid-load 1200kPa point, the
EGRpeax for the high-flow DI configuration was 21% compared to the 13% EGRpeax for the 5-hole
modified direct injector at the same condition. Overall, the high-flow DI configuration showed
significantly lower injection durations and thus longer mixture preparation times compared to the
5-hole DI configuration all low, mid and high conditions. It is important to note that the lower
EGRpeax values recorded here were a direct result of the restriction on spark advance by the KRS
15% limit which meant the engine was more likely to run into misfire quicker. It will be shown in
the final discussion in this chapter that advancing the combustion phasing allows more EGR to be
added within the prescribed stability limits of the engine (COVimep < 3% and COV peak pressure <
10%). Figure 6.13b presents the comparison of the optimized PFI and the 5-hole DI configuration
using the same experiment design as above (EGRpeak at KRS 15%) but with the 11.9:1 natural gas
piston and the 3-prong configuration. The BMEP sweep was conducted from low loads (900kPa
BMEP) up until high engine loads (1800kPa BMEP) on the engine. Again, the 5-hole modified DI
configuration was outperformed in terms of EGRpeax and BTE shown in Figure 6.13b. The
optimized PFI achieved a BTE of 43% at 1500kPa BMEP with an EGRpeak of 26%. The increased
injector flow with the double-injector system and the longer distance and time for mixing gave the
optimized PFI the obvious edge over the 5-hole DI mode in terms allowing more EGR which in
turn increased the efficiency of the engine. A possible explanation for the very high optimized PFI
BTE achieved at this lower 11.9 compression ratio was that the more homogenous mixture from
the PFI mode prevented rich pockets from forming at the cylinder and piston walls which would

have more easily been auto-ignited, along with the charge cooling behavior of the vaporized liquid
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LPG spray reducing the combustion temperatures and consequently mitigating knock. This
allowed combustion phasing to be advanced to ~CA50 10 deg aTDC (close to MBT) for the high
load conditions (1500kPa BMEP) before the KRS 15% limit was reached. The discussions so far
in this chapter point to the high squish 14:1 compression ratio piston, the prechamber spark plug,
and the optimized PFI and high-flow DI configurations as potential combinations to achieve the

target 44% efficiency on the heavy-duty LPG engine.
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Having narrowed the compression ratio, ignition source, and injection configurations to the best
possible candidates, the engine was operated using the strategies that have now been shown to
improve efficiency i.e., at engine conditions with EGReax and early SOI timings (single injection
strategy). Maintaining the EGRpeak at 26% < EGRpeak 29% for all tested engine loads and the SOI
at 360 deg bTDC, the CA50 was advanced at each engine load (BMEP) until the knock limit was
reached on the left and retarded until misfire region was approached on the right of the 3-D plots
in Figure 6.14. This was done using the optimized double-injector PFI and high-flow DI injection
strategies with the prechamber spark plug and the 14:1 piston engine configuration. As the CA50
was advanced in Figures 6.14a and e, the BTE was shown to increase as BMEP was increased up
until the desired 44% BTE in the region between 1500 and 1700kPa and CA50 9 — 12.5 deg aTDC
for both the high-flow DI and the optimized PFI configuration. As the CA50 was retarded the
engine crossed into misfire for both injection configurations at such high EGR rates. A key feature
of both 3-D plots for the BTE was the shortened region of operation at higher loads which could
possibly be due to the longer time now required to mix the larger air, fuel and EGR mixture
required to produce the higher loads. Thus, further shortening the injection durations for the LPG
injection hardware could be advantageous in achieving even higher loads and expanding the region
of operability of the LPG engine. Figures 6.14b and f simply depict the trend towards end-gas
auto-ignition as the region of operation of the LPG engine was shifted upwards and to the left (high
BMEP, advanced CA50). In this regard, there was a possible competing effect of charge cooling
with the direct injected liquid LPG spray for the high-flow DI configuration and the superior
mixing of the optimized PFI configuration which would improve homogeneity in the combustion
chamber. The DI charge cooling would likely reduce combustion temperatures and mitigate knock

while the PFI mixing time and distance would possibly reduce the occurrence of locally rich
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regions at the cylinder and piston wall that would more easily auto-ignite. The better mixture
preparation time and distance was also likely responsible for the slightly higher EGRpeak observed
for the optimized PFI configuration at all tested BMEPs. Figures 6.14b and f would suggest that
these PFI benefits slightly edged out the DI one as the PFI was able to achieve slightly more
advanced CAS50s and the knock intensities observed with the PFI mode at the same condition as
the DI were also slightly lower. For example, at 1400kPa BMEP and CA50 9, the optimized PFI
recorded a KRS 0f30.7%, 2.1% lower than the 32.8% recorded for the high-flow DI configuration.
The bsNOx emissions are presented in Figures 6.14c and g for the high-flow DI and the optimized
PFI configurations respectively. Both 3-D plots show the previously discussed tendency of the
NOx emissions to increase with advanced CA50. However, of the two injection modes, the high-
flow DI configuration produced higher bsNOx emissions despite the described charge cooling
effect of the LPG spray vaporizing in the combustion chamber. It is important to put the numbers
into context however as the highest bsNOx shown in Figures 6.14c (3.33g/kW-hr) was still over
83% lower than the ~20g/kW-hr bsNOx reported for the baseline PFI configuration in chapter 5.
Even more significant was the fact that at the most efficient conditions on the engine the bsNOx
reported was 1.7g/kW-hr for the high-flow DI configuration and 1.99g/kW-hr for the optimized
PFI configuration. Finally, the bsTHC emissions are shown in Figures 6.14d and h for both
injection configurations. The bsTHC was observed to be maximized in the mirror opposite
direction to the bsNOx for both configurations, at the most retarded timings and low engine loads.
This was counterintuitive as the THC trends have been shown to reduce with retarded CA50 due
to the higher late cycle temperatures and their more effective oxidation of the crevice volume HC.
However, in this scenario the tendency for poor, partial burns and misfires as CA50 was retarded

at such high EGR dilution rates was most likely responsible for the uptick in the bsTHC in the
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CAS50 retard direction. In similar mirror opposite fashion to the bsNOx trends in Figure 6.14¢ and
g, the bsTHC was minimized at higher loads and advanced CA50 for both configurations. Finally,
the high-flow DI outperformed the optimized PFI configuration in terms of the bsTHC emissions,
for example, at the most efficient operating condition for both configurations, the high-flow DI

mode reported 9% lower bsTHC emissions than the optimized PFI configuration.

6.5 Conclusions

This final chapter presented the optimization of the heavy-duty LPG engine efficiency using the
tools that have been developed over the preceding chapters and a response surface technique.
These tools include the developed fuel delivery systems for the PFI and DI modes on the engine,
the modification of a Delphi 7-hole OEM injector to a 5-hole design with nozzles aligned for
central distribution of the LPG fuel in the combustion chamber considering the off-center location
of the injector, the design of an optimized double-injector PFI adapter capable of achieving high
loads on the engine. They also include the introduction of exhaust gas recirculation at high
amounts, the modification of a high-flow off-the-shelf injector for installation and use in the heavy-
duty LPG engine. Combining all these tools, the engine was operated in a number of different

configurations and the results analyzed.

Engine compression ratio was optimized using the CFD models to produce the high squish 14:1
piston that achieved a ~13% relative improvement in BTE over the baseline 9.3:1 piston at 360
deg bTDC. The 14:1 piston achieved a peak BTE of 39.1% compared to the 34.4% baseline
efficiency at naturally aspirated, stoichiometric conditions for the heavy-duty engine operated with
the baseline 5-hole DI configuration. Despite indicating the highest in-cylinder pressures at all
tested start of injection timings, the 14:1 high-squish piston maintained similar exhaust gas

temperatures to the 11.9 ‘natural gas’ piston and also produced the lowest bsNOx for the start of
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injection tests with 11.14g/kW-hr at SOI 180 deg bTDC which was 12% lower than the bsNOx for
the 11.9:1 piston at the same condition. This pointed to better thermal management properties for
the 14:1 piston unlike the 9.3 and 11.9 pistons and indicated the importance of properly designing

the piston and compression ratio of the heavy-duty engine for LPG combustion.

The use of robust advanced ignition systems such as the prechamber spark plug was shown to be
beneficial for LPG combustion on the heavy-duty engine allowing stable engine operation at
higher EGR rates, higher compression ratios and higher loads when compared to regular ignition
systems. The prechamber spark plug was responsible for a 3% improvement in EGRpeak values
over the 3-prong spark plug, ~29% compared to ~26%, which then translated to a 1.2% absolute
increase in BTE and a 47% reduction in knock intensities at the same operating conditions.
However, the prechamber spark plug demonstrated a slight disadvantage in terms of bsTHC,
generating 9% higher bsTHC when compared to the 3-prong spark plug at retarded conditions, due
in part to its higher EGR tolerance. The regular J-gap spark plug showed some encouraging results
at low loads on the 14:1 piston with comparable efficiencies to the prechamber spark plug but
showed limitations in terms of high compression ratios as it ran into knock at low loads and

advanced CAS50 timings on the 14:1 piston.

Mixture preparation time, affected by injection duration and location, was established to be a key
factor in LPG engine operation as it determined engine performance, combustion, and emissions.
In this regard, the baseline 5-hole modified injector with the longest injection duration was
outperformed by both the high-flow DI and optimized PFI configuration. For example, the
optimized PFI configuration which was located much further upstream and had the longer mixing
distance when compared to the DI modes indicated stable combustion at all tested start of injection

timings while the DI modes showed best combustion stability at only the early start of injection
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timings 330 and 360 deg bTDC. The optimized PFI mode was responsible for a ~2% and 3%
relative improvement in BTE over the high-flow and 5-hole DI respectively at 360 deg bTDC
(after EVC) and as air and fuel residence time increased for the optimized PFI and mixture
preparation reduced for the DI with start of injection timing set after IVC (120 deg bTDC), the
relative improvement became more substantial with ~6% and ~16% respectively. Compared just
to the 5-hole modified DI configuration at CA50 18 deg bTDC and naturally aspirated conditions,
the optimized PFI mode indicated a 32% reduction in bsTHC. For the DI modes, the high-flow
direct injector indicated a 3% absolute improvement in BTE over the 5-hole modified mode at
mid-loads (1.2MPa) where the high-flow DI cut the injection duration by almost 50%, thus

allowing higher EGRpeak, 21% compared to the 13% EGRpeak for the 5-hole modified injector.

In DI configuration, the single, early injection strategy was found to be sufficient to achieve the
44% thermal efficiency goals of the project with liquid LPG. This simple strategy avoided the
complexity of designing a more involved strategy while achieving the 44% target. The early single
injection strategy (360 deg bTDC) was found to increase EGRpeak values by over 300% from 7%
to 22% as well as achieving ~11% higher BTE at EGRpeax and generally more stable combustion
when compared to the late single injection strategy (120 deg bTDC). Using this early single
injection strategy, the high-flow DI configuration was coupled with the prechamber spark plug and
engine load was increased up to 1.8MPa BMEP at EGRpeak and stoichiometric conditions. With
this configuration, the 44% BTE target was achieved in the region between 1.5MPa and 1.7MPa

BMEP and CA50 9 — 12.5 deg aTDC at EGRpeax of 28 —29%.
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Figure 6.14. 3-D plots showing the relationship between BMEP (kPa) and (a) BTE (%) (b) KRS (%) (c)
bsNOx (g/kW-hr) (d) bsTHC (g/kW-hr) for the high-flow DI configuration and (e) BTE (%) (f) KRS (%)
(g) bsNOx (g/kW-hr) (h) bsTHC (g/kW-hr) for the optimized PFI configuration at EGRcak and SOI 360
deg bTDC with the 14:1 and prechamber spark plug on the heavy-duty LPG engine.
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In PFI configuration, designing a double-injector system with valve targeting was required to
achieve the 44% thermal efficiency goals of the project. The double injector system was designed
to achieve the higher loads and peak pressures associated with the target efficiency on the engine
by simultaneously spraying liquid LPG onto the intake valves using the early ‘single’ injection
event strategy. Like the high-flow DI mode, the optimized PFI configuration was combined with
the prechamber spark plug and the high squish 14:1 compression ratio piston and achieved the
target 44% BTE at BMEP > 1.5MPa, advanced CA50s and EGRpeax of 29%. The optimized PFI
configuration demonstrated a slight advantage in terms of knock mitigation, achieving more
advanced CA50s, generally lower bsNOx emissions but with higher bsTHC than the high-flow DI

configuration as a result of its slightly higher EGRpeax values.

The response surface method optimization results demonstrated the viability of using design of
experiments to cut down engine test time and resources while optimizing the objective function,
as BTE was increased by over 16% from ~37% to near-diesel efficiencies at ~43% in just 3
iterations. Critically, the optimization technique showed that while increasing injector flow rate
and reducing injection duration was paramount to increasing mixture preparation time and engine
performance in direct injection configuration, consideration must be given to operating at optimal
injection pressures. This was evident in the optimization results as the RSM technique showed that
the direction of increasing efficiency for the DI modes was in the direction of reducing injection
pressure. This finding played a huge role in achieving the 44% target efficiency on the engine as
the high-flow DI configuration was operated at 13MPa injection pressure compared to 17MPa for

the 5-hole modified injector.

The results from this chapter demonstrate the existence of several pathways to achieving the 44%

target efficiency with LPG on a heavy-duty engine. The results also show the importance of
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properly designing the critical engine components tailored for LPG operation to properly harness
its potential and prevent knock and misfire. The pistons, ignition source, EGR system, fuel
injection hardware, fuel delivery system, and injection strategies to mention a few were designed,
developed or adopted throughout the course of this work. Finally, this chapter provides resolution
on research questions 2, 3, 4 and 5 and successfully completes the work that was laid out at the
beginning of the project which was to achieve near diesel efficiency on a heavy-duty engine

platform using LPG.
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CHAPTER 7. CONCLUSIONS AND RECOMMENDATIONS

7.1 Overview

This work began by showing the potential of LPG fueling in an SI engine. The strategies that were
identified as key to achieving diesel performance parity on the heavy-duty platform were studied
in detail on the CFR engine in this phase of the research. The experiments were conducted in
comparison with CNG and LPG showed higher efficiencies compared to CNG but indicated higher
knock intensities. Knock, which was more likely at higher loads and compression ratios was shown
to be counteracted by the introduction of EGR as a diluent in the combustion chamber. EGR also
mitigated NOx. Again, LPG indicated higher EGR dilution tolerance when compared to CNG, thus
extending the region of knock-free operation, allowing further NOx mitigation, and improvement
of the engine efficiency. The CIM tool was recalibrated for LPG operation and showed combustion

benefits as well as the possibility of controlling end-gas auto-ignition to a desired fraction.

Next, the influence of LPG composition was studied on the CFR engine to determine how much
effect this variability may have in practical operation. It was found that the typical components
found in their varying amounts in different blends of LPG around the world had little to no effect
on the performance of the engine. These components are typically ethane, propylene, and n-butane.
The experiments however showed that the blend composition did have some effect on combustion
and emission behavior of the engine. High amounts of n-butane made knock more likely to occur

and the H:C ratio of the blend affected the carbon emissions.

The findings were then transferred to the heavy-duty engine where an experimental fuel delivery
system was designed for the baseline study which consistently delivered liquid LPG at 16bar

required for the baseline PFI configuration. A baseline piston was also successfully designed to
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mimic the current LPG buses in operation and used for this evaluation. This baseline operation
indicated a baseline efficiency of 34% on the heavy-duty LPG engine platform. It was shown that
SOI had an insignificant effect on the combustion and performance behavior of the engine in
baseline PFI mode. A knock study was done to determine the knock threshold of the engine in this

configuration and to further understanding of the knock behavior of the LPG engine.

Further investigations were then carried out at this baseline 9.3:1 piston using the first generation
of the LPG direct injector that was developed from a gasoline direct injector and modified for high
pressure liquid LPG flow on this project. Based on the successful application of the PFI fuel
delivery system concept, an improved version capable of delivering liquid LPG at 200bar was
designed and installed. The same test conditions were run as with the baseline PFI configuration.
The tests showed a noteworthy effect of SOI on the efficiency of the LPG engine in DI mode. It
was discovered that mixture preparation time played a critical role in the performance of the LPG
heavy-duty engine. The prohibitive injection duration required by the first-generation injector to
deliver the amount of fuel was found to be a severe limitation to engine performance. The charge
cooling effect, however, was shown in the mitigation of NOx by the DI configuration by almost
half at retarded spark timings and the extension of the knock limit beyond the PFI value thus
indicating the possibility of even higher compression ratios, loads, and consequently EGR with a

more efficient direct injector.

The concluding phase of the research focused on the optimization process of the heavy-duty LPG
engine to achieve the 44% target efficiency. Learnings from the preceding phases were streamlined
to create configurations capable of achieving the desired efficiency. A new piston was designed
using the CFD tool and the models that had been developed and validated over the course of the

project. Advanced ignition systems were introduced to ensure combustion stability at high loads

155



and high EGR dilution rates. A high-flow direct injector that shortened injection durations by about
half compared to the first-generation injector was modified for LPG operation on the heavy-duty
engine. A second-generation direct injector with shorter durations compared to the first-generation
injector and optimized in-cylinder fuel distribution was conceptually developed using the CFD
tools but remains untested on a practical engine. The baseline PFI configuration was optimized for
higher engine loads and injection location so as to take advantage of the rapid vaporization and
charge cooling properties of the LPG fuel. A response surface optimization technique using a full
factorial design of experiments was applied with five choice variables in DI mode and four in
optimized PFI mode. Finally, engine load, EGR rates, and combustion phasing were varied at the

developed engine configurations. A summary of the key findings is presented in section 7.2.

7.2 Conclusions

The most important outcome of this work is that it demonstrated that is possible to achieve diesel
efficiencies with LPG on a heavy-duty engine in both direct injection and port fuel injection
configuration. Both modes indicated specific advantages that can be harnessed depending on the
application of the LPG engine to be developed. The high-flow direct injector achieved an engine
high BTE of 43.85% at 1.6MPa BMEP and CAS50 11.3 deg aTDC. This was achieved with the
high squish 14:1 compression ratio piston, the prechamber spark plug and 29% EGR. At this
condition, the bsNOx emissions were 1.73g/kW-hr, 91% lower than the baseline 9.3:1 bsNOx
emissions, however, the bsTHC emissions were measured to be 2.86g/kW-hr, about 3 times higher
than the baseline PFI values. Similarly, the optimized PFI configuration achieved an engine high
BTE of 43.77% at 1.54MPa BMEP and CA50 10 deg aTDC using the 14:1 piston and the
prechamber spark plug. The optimized PFI LPG engine indicated bsNOx emissions of 1.99g/kW-

hr at this point and 3.14g/kW-hr of bsTHC emissions. For both configurations at these two
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conditions, there was some level of end-gas auto-ignition, but in both cases the LPG engine was
operated away from both the troublesome uncontrollable heavy knock and the misfire regions. A
time-history plot of the BTE improvements during this research is shown in Figure 7.1. The plot
tracks significant milestones in the efficiency improvements all the way from the initial CFR
engine tests through the baseline 9.3:1 evaluation to the 11.9:1 piston configuration operated with
DI and PFI, up until the 14:1 compression ratio points within the target region described above for

the high flow DI and optimized PFI configurations.

In finer details, the research results showed that mixture preparation time is the most important
factor in LPG heavy-duty engine performance. This was apparent with the high-flow direct injector
which cut injection durations by about half at even lower injection pressures when compared to
the 5-hole modified injector. Although the 5-hole injector nozzle pattern was modified specifically
for this engine to improve in-cylinder fuel distribution, the influence of the disparity in injection
durations overwhelmingly favored the high-flow injector even with its unmodified nozzle patterns.
The RSM optimization results also showed that operating at an optimal injection pressure was
critical to engine performance, as despite the desired higher injector flow rates at higher injector
pressures, the likelihood of liner and piston impingement and fuel residing unmixed at the bottom
of the piston bowl meant that engine efficiency was optimized in the direction of reducing injection
pressure. For the optimized PFI configuration, this mixture preparation time was optimized in two
ways as it had longer mixing distances due to its location upstream of the cylinder and thus had
longer time to interact with the incoming EGR and air mixture. Shorter durations were also
guaranteed with the double-injector system designed for the LPG heavy-duty engine. This two-
fold attack on mixture preparation time showed some advantages for optimized PFI configuration

as it extended the EGR limit slightly compared to the high-flow DI mode during the optimization
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experiments. As a result, both the high-flow DI and optimized PFI configurations were able to
achieve higher efficiencies than the 5-hole modified injector. Given this dependence on mixture
preparation time, it was determined and shown that the early single injection event strategy was
adequate and simple enough to meet the goals of the project. Still, even though mixture preparation
time was determined to be the key factor in combustion stability and performance, the behavior of
the LPG engine in DI mode at 270 and 300 deg bTDC start of injection timings compared to
retarded timings such as 150 deg bTDC suggested that there were other important factors to be
considered in LPG engine operation and injection strategy design such as piston location,

combustion chamber design, valve position etc.

The use of advanced ignition systems took center stage in the latter stages of the research and the
passive prechamber technology from Woodward was shown to encourage an increase in
compression ratio, EGR dilution rates and efficiency, The prechamber spark plug outperformed
the 3-prong spark plug by enabling stable combustion at higher EGR dilutions which was then
translated to an ability to further advance CAS50 at high loads and compression ratio and the
attendant efficiency benefits. At similar engine conditions, the prechamber spark plug was
responsible for as much as a 3% absolute increase in the EGR limit of the LPG heavy-duty engine
and as much as a 1.2% absolute improvement in BTE. The prechamber spark plug was also robust
enough to withstand the knock events triggered by the aggressive design of the high squish 14:1
piston which was one of the downfalls of the regular J-gap spark plug which showed comparable
efficiencies to the prechamber spark plug at low loads and retarded timings but suffered severely
at advanced timings even at low loads. This illustrated the critical role advanced ignition systems
such as the prechamber and the 3-prong spark plug can play in the design of high compression

ratio heavy-duty engines for LPG combustion.
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Figure 7.1.Time-history of BTE for key engine operating conditions over the course of the study

Finally, proper compression ratio and piston design was shown to be critical in meeting the 44%
efficiency target on the engine. The high squish 14:1 piston was developed using CFD and

optimized for high loads and high EGR with direct injected liquid LPG. The aggressive 14:1 piston
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design improved BTE by ~13% relative to the baseline 9.3:1 piston at 360 deg bTDC start of
injection timing by attaining a BTE of 39.1% at naturally aspirated, stoichiometric conditions. The
14:1 piston indicated slightly higher bsTHC emissions linked to its high squish design but more
importantly, the effect of a superior piston designed specifically for LPG combustion was apparent
as the 14:1 compression ratio piston produced the lowest bsNOx compared to the CR 9.3 and 11:9
piston with the DI configuration. For example, for DI operation and at start of injection 360 deg
bTDC and CAS50 ~13 deg aTDC, the high squish 14:1 piston reduced bsNOx by ~1% and ~9%
compared to the baseline 9.3:1 and 11.9 pistons respectively. Despite enduring higher in-cylinder
pressures and consequently temperatures, the CR 14:1 piston indicated similar exhaust gas

temperatures to the CR 11.9 piston at all tested CAS50s.

7.3 Recommendations

The pathway to reaching the desired efficiency on the engine has opened several possible direction
for future work. The most pertinent would be to improve LPG direct injector design for higher
flow and shorter injection durations at lower pressures while optimizing nozzle patterns for proper
fuel distribution depending on injector location. In this work, the injector had to be installed off-
center in the cylinder as the spark plug was centrally located, a different set-up would require a
different nozzle design. One way to quantify the benefits of developing an LPG direct injector with
optimized nozzle patterns and higher flow would be to test the second-generation injector

developed during the course of this project but not covered in this work.

Related to this would be the design of more involved injection strategies to determine benefits in
terms of combustion, performance and emissions. In this work, the early single injection event
strategy was used for both PFI and DI configurations. One possible strategy is the stratified DI

injection with one early injection event to improve mixture preparation times and oner late

160



injection event to capitalize on the charge cooling properties of the rapidly vaporizing LPG spray.
Another possible strategy is a mixed DI/PFI combination, where the benefits of improved mixing
with PFI and the possibly higher EGR tolerance can be combined with either a late or early DI

single injection event.

For PFI specifically but also a consideration with for the high-pressure pump in DI liquid LPG
system, designing a system that is fitted to the heavy-duty engine unit while avoiding two-phase
flow would fast-track the development of heavy-duty LPG engines as the results in this research
work have demonstrated the immense benefits of the fuel in terms of engine performance,
combustion, and emissions on a heavy-duty engine platform. A durability test stand that was used
to characterize the modified LPG injector used in the larger LPG project which this research work
was a part of introduced a cooling loop into the fuel supply system that was successful in curbing
cavitation and pump failure. On a final note, the CIM which was calibrated for LPG operation on
the CFR engine and the heavy-duty engine was used sparingly on the heavy-duty engine despite
its combustion benefits as it was found to be susceptible to signal noises on the test cell,
specifically, spark plug signal noises. The tool can be programmed more robustly to detect and
disregard signal noises and therefore enable even more control of end-gas auto-ignition on the

heavy-duty LPG engine leading to higher engine efficiencies.
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APPENDIX

As described in section 2.5.4, nominal repeat tests were conducted for every day of testing on the
CFR and the X15 heavy-duty engine to ensure the repeatability and consistency of engine data.
The trends are presented in this appendix section for both engines. On the CFR engine, the repeat
tests were conducted at 900RPM, 9.5:1 compression ratio, 60 deg C mixture temperature, and at
naturally aspirated (101.3kPa), stoichiometric conditions with compressed natural gas filled in a
gas bottle (average methane number - 73). The CA50 was set at 10.3 deg aTDC, with coolant
temperature, oil pressure, and temperature maintained at 95 deg C, 186kPa and 55 — 60 deg C
respectively. The CFR engine was also operated in the hot motoring configuration as described in
Heywood [10] at the beginning and end of each test day at compression ratio 9.5:1 and 900RPM.
The Coriolis meter fuel flow rate, which is a critical measurement in the determination of engine
efficiency, from the repeat tests on the CFR engine are shown in Figure Appendix — 1 and the In-
cylinder pressure traces for the hot motoring engine operation over the test days are shown in

Figure Appendix — 2.

A similar procedure was followed for the X15 heavy-duty LPG engine, however, as the engine
configuration changed frequently in terms of compression ratio, injection configuration, etc., only
the repeat tests that were conducted while the engine was held at the final 14:1 compression ratio
piston and high-flow direct injection configuration are presented here. The engine was operated at
1200RPM, 38 deg C intake manifold air temperature, and at naturally aspirated (101.3kPa),
stoichiometric conditions with liquid DI LPG injected at 13MPa. The CA50 was set at 14 deg
aTDC to avoid knock, with coolant temperature, oil pressure, and temperature maintained at 85

deg C, 290kPa and 110 deg C respectively. The X15 engine was also operated in the hot motoring
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configuration as described earlier, but at 1200RPM. The Coriolis meter fuel flow rate, and in-
cylinder pressure traces for the hot motoring engine operation are presented in Figures Appendix

— 3 and 4 respectively.
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Figure Appendix — 1. Measured fuel flow rate (g/min) for the repeat tests conditions over the duration of
CFR engine operation.
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Figure Appendix — 2. In-cylinder pressure traces (zoomed in on the right) for the hot motoring engine
operation over the duration of CFR engine operation.
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Figure Appendix — 3. Measured fuel flow rate (g/min) for the repeat tests on the X15 LPG engine
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Figure Appendix — 4. In-cylinder pressure traces (zoomed in on the right) for the hot motoring engine
operation of the heavy-duty LPG engine with the 14:1 high squish, high-flow DI configuration.
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